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Room surface convective heat transfer with ceiling fans and its effect on radiant
cooling systems

Carlos Duarte Roa 2, Paul Raftery 2, Sangjoon LeeP and Aslihan Senel Solmaz®

aCenter for the Built Environment, University of California, Berkeley, CA, USA; |l’Department of Aeronautics and Astronautics, Stanford
University, Stanford, CA, USA; Department of Architecture, Dokuz Eylul University, Izmir, Turkey

ABSTRACT ARTICLE HISTORY

The integration of ceiling fans with radiant systems remains underexplored despite their poten- Received 15 September 2025
tial to address cooling capacity limitations. This study adopts a two-step approach to quantify the Accepted 1 April 2026
impact of elevated air movement on thermally activated building systems (TABS). First, we used KEYWORDS
OpenFOAM to calculate convective heat transfer coefficients under varying airflows, air-to-surface Radiant system; ceiling fans;
temperature differences, and zone sizes. These coefficients also apply to ceiling fans in buildings convective heat transfer
without radiant systems. Second, we implemented these coefficients in EnergyPlus to evaluate key coefficient; CFD; energy
radiant design parameters. Scenario 1 results show median steady-state cooling heat transfer rates simulation

increase of up to 47% relative to the no-fan cases when operative temperature is held constant. Sce-

nario 2 demonstrates a median cooling effect of up to 4.8 K under fixed capacity, reflecting both

lower zone temperatures and direct air movement on occupants. Overall, TABS-fans systems offer a

scalable strategy to enhance comfort, increase capacity, and reduce energy demand.

Highlights

e We use CFD to develop simplified surface convective heat transfer models that account for air
movement with ceiling fans on room surfaces.

e We use simplified surface convective models in EnergyPlus to evaluate radiant system perfor-
mance with ceiling fans.

e Ceiling fans increase the zone's steady-state cooling heat transfer rate by a median of 47% at the
highest fan speeds.

e Ceiling fans have a median cooling effect of up to 4.8 K at the highest fan speeds.

e A radiant and ceiling fan couple system has the potential to decrease HVAC energy use while
maintaining occupant thermal comfort.

Ceiling fan CFD simulations Radiant system simulations
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1. Introduction .
accelerated in recent years as part of broader efforts to

Radiant heating and cooling systems are increasingly decarbonize buildings and enable low-temperature, high
adopted as a strategy to reduce building energy use efficiency heating, ventilation, air conditioning (HVACQ)
and greenhouse gas emissions compared to conven- operation (Carnieletto et al. 2024; Shindo et al. 2023;
tional all-air systems (Rhee and Kim 2015). This trend has Shindo et al. 2024). They remove sensible cooling loads
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from the space by a combination of radiation and con-
vection. While radiant heating is more common, radiant
cooling systems are gaining traction, particularly in net-
zero energy and high-performance buildings (Higgins
and Carbonnier 2017). Recent demonstration projects
and design guidance increasingly position radiant cool-
ing as a core system rather than a niche application
(Bauman et al. 2019). Hydronic radiant cooling systems
operate at higher supply water temperatures than con-
ventional systems, with relatively small temperature dif-
ferences between the space and cooled surfaces (Duarte
Roa et al. 2025).

The three main system types are radiant metal pan-
els (RP), embedded surface systems (ESS), and thermally
activated building systems (TABS) (Babiak, Olesen, and
Petras 2009). ESS and TABS are high thermal mass radi-
ant systems in which hydronic tubing is embedded in
screed or structural concrete slabs, respectively (Raftery
et al. 2017). These configurations have emerged as an
economically and energetically efficient design strategy
for both cooling and heating purposes (Gwerder et al.
2008). Their relevance has increased as buildings pursue
load shifting, peak reduction, and grid-interactive opera-
tion. However, a widely cited drawback of radiant cooling
is its limited cooling capacity (Olesen 1997). Ideally, this
limitation is mitigated through an integrated design pro-
cess that improves envelope design and reduces inter-
nal heat gains to the point that the radiant system can
maintain comfortable conditions on the cooling design
day without any supplemental cooling system. However,
where this is not feasible, additional strategies are needed
to increase system capacity and maintain thermal com-
fort. One promising approach is the use of elevated air
movement, such as ceiling fans, to enhance convective
heat transfer from cooled surfaces. Recent updates to
comfort standards and renewed interest in ceiling fans as
primary comfort devices have made this approach par-
ticularly timely (ASHRAE 2023; Kent et al. 2023; Miller
etal.2021).In addition to increasing system capacity, con-
trolled air movement improves occupant thermal com-
fort by expanding the acceptable temperature range.
This study focuses on evaluating the effects of ceiling
fan induced air movement on TABS cooling performance
through building performance simulation. Sources of ele-
vated air movement such as ceiling fans also provide
the added benefit of almost instantaneous control, which
allows occupants to modify thermal comfort conditions
far faster than systems that aim to condition the whole
room, particularly so for radiant systems.

Several studies have examined the interaction between
forced convection and radiant cooling systems. Jeong
and Mumma (2003) developed correlations for mixed
convection heat transfer on ceiling RP in a hypothetical

space with nozzle diffusers near the ceiling. Their anal-
ysis suggested capacity gains of 5-35% depending on
diffuser velocity (2-6 m s~1) and chilled water tempera-
ture (12-25 °C). Similarly, Novoselac, Burley, and Srebric
(2006) measured convective heat transfer on a cooled
ceiling in a full-scale laboratory, showing increases of
4-17% when high-aspiration diffusers, installed at the
ceiling, supplied 1-5 air changes per hour (ACH). They
concluded that air movement enhanced heat transfer
not only at the ceiling but also at the walls and floors
i.e. not actively cooled surfaces. Other researchers have
extended this work to more complex scenarios. Venko
et al. (2014) experimentally investigated mixed convec-
tion over an active cooling wall with a ceiling slot diffuser.
Using derived correlations, they simulated design alter-
natives in TRNSYS and reported 28-100% reductions in
mechanical cooling, depending on air jet velocity, active
cooled wall coverage, and internal heat gains. Moftakhari,
Bourne, and Novoselac (2023) found that increasing air
circulation rates in spaces with radiant panels shifted heat
removal from radiative to convective pathways, mak-
ing loads resemble those of all-air systems. Ventilated
slabs, or hollow core slabs, are a related class of TABS
in which ventilation air is circulated through embedded
ducts within a concrete slab to enhance heat exchange
and utilize thermal mass. Thus, the enhanced heat trans-
fer occurs within the concrete slab, not in the occupied
space. Studies have shown their potential for peak load
reduction, thermal inertia utilization, and advanced con-
trol integration under mechanically ventilated conditions
(Nevers, Labat, and Malley-Ernewein 2025; Park and Krarti
2019). Airflow rates have been found to be sensitive to
the heat transfer rate where the net cooling effect can
increase from 2 W m=2 at 4 ACH to 8 W m—2 at 12
ACH when compared to a conventional HVAC system
(Zmeureanu and Fazio 1988). While these studies estab-
lish important principles, most predate recent advances
in ceiling fan design, control, and comfort standards.
Ceiling fans have recently been re-examined as a
practical means of elevated air movement. Karmann
et al. (2018) tested ceiling fans integrated with radiant
cooled panels in a lab with varying acoustic ceiling cov-
erage. They observed cooling capacity increases of up
to 22%, with performance depending on fan direction
(i.e. upward, downward, and horizontal). Pantelic et al.
(2018) showed that ceiling fans increased slab cooling
capacity by ~12% at 24 °C operative temperature and
nearly 19% at 26 °C. Guo et al. (2023) quantified convec-
tive coefficients under different fan speeds (0.19-0.53 m
s~ "), reporting an increase of 29-255% compared to
no-fan cases. Arumugam, Maiya, and Shiva Nagendra



(2024) experimentally investigated a wall mounted radi-
ant cooling system and reported a 19% increase in cool-
ing capacity as ceiling fan induced air velocity increases
from 0 to 0.95m s~ ', Collectively, these findings con-
firm that elevated air movement consistently enhances
radiant system cooling performance, though magnitudes
vary with system type, airflow strategy, and boundary
conditions.

Beyond system capacity, increased air movement
improves occupant thermal comfort. By enhancing con-
vective heat transfer from skin and clothing, ceiling fans
enable occupants to maintain comfort at warmer air and
mean radiant temperatures (MRT). Tanabe and Kimura
(1994) found that participants preferred air speeds of at
least 1.0m s~ ! at temperatures above 27.8 °C. Similarly,
He et al. (2019) reported that occupants adjusted fan
speeds (1-1.3m s~1) to maintain comfort up to 28.9 °C.
These experiments indicate a roughly 3 K cooling effect
with elevated air movement. Miller et al. (2021) presents a
29-month field study of 99 ceiling fans installed in ten air-
conditioned buildingsin a hot/dry climate and mean zone
indoor temperature increase of 1.9 °C after fan installa-
tion, corresponding to mean cooling season compressor
energy savings of 36%, normalized by floor area served.
More recently, Kent et al. (2023) demonstrated that ele-
vated air movement reduced HVAC energy demand by
32% by allowing 2.5 °C higher indoor setpoints without
compromising comfort in an office setting in a hot/humid
climate. These results highlight a dual benefit that fans
increase radiant system cooling capacity while simultane-
ously broadening the comfort envelope. However, most
of these comfort focused studies evaluate ceiling fans in
all-air systems, with limited consideration of their interac-
tion with radiant or TABS configurations.

Despite growing evidence, most prior work at the
intersection of air movement and radiant systems has
focused on radiant panels or wall systems with diffusers
connected to mechanical ventilation systems. The ven-
tilation system replaces zone air, whereas ceiling fans
recirculate it. Very limited research directly investigates
TABS coupled with ceiling fans, which differ substantially
from previous research due to ceiling fan specific air-
flow patterns, higher thermal inertia, embedded tubing,
and broader surface coverage. These characteristics influ-
ence surface convection, system capacity, and thermal
dynamics which affect occupant thermal comfort. Fur-
thermore, while empirical studies have quantified cool-
ing capacity gains, there is a lack of integration between
detailed airflow modelling and whole-building simula-
tion tools, which would enable a systematic exploration
of design and operational factors at a low computational
cost. This gap has become more pronounced as ceiling
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fans are increasingly used to support comfort driven and
low energy operation in modern buildings.

Accordingly, this study addresses these gaps by inves-
tigating the impact of ceiling fan induced air movement
on TABS cooling performance using a two-step simula-
tion approach. Through this approach, the study aims
to quantify both system-level steady-state cooling heat
transfer rate gains and occupant-level comfort improve-
ments from TABS coupled with ceiling fans, offering
insights into design strategies that can enhance radiant
cooling performance while supporting energy efficiency
and comfort goals.

2. Method

In this exploratory study, we investigated how elevated
air movement influences the steady-state cooling heat
transfer rate of thermally activated building systems
(TABS). Although TABS operate dynamically due to their
high thermal inertia, designers typically size radiant sys-
tems and associated secondary systems based on steady-
state capacity. Understanding how ceiling fans modify
these steady-state performances is therefore critical for
informing design practice.

Our approach involved a sequential modelling
approach outlined in Figure 1 with key inputs and out-
puts from each step in the process. First, we conducted
computational fluid dynamics (CFD) simulations in Open-
FOAM (Greenshields 2023) to quantify convective sur-
face heat transfer coefficients under varying ceiling fan
air turnover rates (ATH), flow directions, and tempera-
ture differences between surfaces and room air. We then
developed simplified regression models from CFD data
for each surface type and airflow direction. In the sec-
ond step, we integrated these regression models into
EnergyPlus (Drury B. Crawley and Lawrie 1999) to simu-
late whole-building energy performance under different
geometric, operational, and design scenarios. By coupling
detailed airflow modelling with building simulation, we
developed a framework that strikes a balance between
accuracy and computational efficiency.

While analytical correlations for convective heat trans-
fer over flat plates provide valuable theoretical insight,
they are derived for idealized boundary layer flows that
do not reflect the airflow structures generated by ceil-
ing fans. Ceiling fan induced flows are characterized
by strong recirculation, flow impingement, and spatially
varying turbulence, leading to surface convection mech-
anisms that differ fundamentally from canonical forced
convection (Babich et al. 2017; Chen et al. 2018). The
purpose of the CFD analysis is therefore not to revisit
established heat transfer theory, but to extend it to a
flow regime where analytical similarity solutions do not
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Figure 1. Sequential modelling approach with key inputs and outputs from each step in the process.

exist. This approach enables the development of phys-
ically grounded convection models that can be applied
within building energy simulation (BEM) tools.

2.1. Convective heat transfer coefficient assessment
in OpenFOAM

We modelled airflow and convective heat transfer in
OpenFOAM using a representative zone containing ceil-
ing fans and radiant ceiling and floor surfaces. Open-
FOAM is an open-source software collection enclosing
modules for meshing, solver, and post-processing for CFD
analysis. The computational domain was based on a fan
cell, occupying one ceiling fan at the centre (see Figure 2).
The key dimensions are determined by five geometric
parameters: zone width w, zone depth d, zone height
h, ceiling-to-fan distance h¢, and fan diameter dy. Here,
we equate w to d, leading to a square floor plan, and
set h = 3.05m, hf = 0.35m, and df = 1.5m which are
typical values found in commercial office buildings. The
fan cell size is determined largely by the zone’s over-
all dimension and the preferred size of the ceiling fan.
It is also recommended that the fan diameter be in the
range of 0.2-0.4 times the characteristic width of the fan
cell to ensure adequate airflow coverage within each cell
while minimizing fan-to-fan aerodynamic interference.
These fan-related metrics and other layout considerations
align with established fan design guidance (Raftery, Fizer,
et al. 2019; Raftery and Douglass-Jaimes 2020). There-
fore, given a typical fan diameter, we define a ‘small’ zone
made of only one fan cell with zone area As_one = 50
m? (w = d = 7.07 m). In order to take into account zone
scaling, we consider a second ‘large’ zone consisting of

the 3-by-3 fan cells (i.e. nine equally spaced fans) with
Al zone = 500 m? (w = d = 22.36 m). Zone scaling in this
study is based on the total active surface area available
for heat exchange, rather than on a strictly geometric
replication of fan cells. Radiant system performance and
fan induced convective enhancement scale with exposed
surface area rather than fan count alone.

The ceiling and floor surfaces represent the radiant
system'’s cooled surfaces, maintained at a constant tem-
perature T and T, respectively. The four vertical faces
of the domain are modelled as solid walls representing
adjacent thermal zones or exterior boundary conditions.
These faces are assigned a uniform temperature Tj, that
is necessarily higher than T, and T so as to sustain
the desired heat flux direction through the zone. This for-
mulation provides a controlled thermal driving potential
across the zone.

We discretized the computational domain using a
structured hexahedral mesh with refinement near the
walls by using Gmsh’s grid distribution algorithm ‘bump’
to better resolve boundary layer flows (Geuzaine and
Remacle 2009, 2022). The near-wall refinement is essen-
tial to resolve the steep temperature gradients within the
thermal boundary layers to ensure accuracy of the surface
heat flux calculations. Using the snappyHexMesh utility in
OpenFOAM, we then refine some subcells with the ceiling
fan regions in an unstructured manner so that they effec-
tively account for the circular sweeping of the fans. To
determine an appropriate grid resolution, we conducted
mesh independence tests in the small zone, varying the
number of divisions per unit length. We monitored the
total steady-state rate of heat flow (W), defined as the
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Figure 2. (Left) Schematic of the small square zone with one fan cell and (right) floor plans of small and large zones used to derive surface

convective heat transfer coefficients using CFD simulations.
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Figure 3. (Left) Mesh dependency test on the case of T, = 20°C, T,r = 20°C,and T, = 24 °Cwith varying air turnover per hour (ATH).
Note that the y-axis is on a nonlinear scale and represents the total steady-state rate of heat flow [W] through all cooled surfaces. (Right)
Top and front views of the structured hexahedral mesh used for the small zone simulations, also visualizing the central region representing

the fan.

area-integrated convective heat flux through all wall sur-
faces, yielding the comprehensive quantity of the sys-
tem’s heat transfer process. The result given in Figure 3
shows a convergence at 30 divisions per unit length,
which we adopted for all simulations. For the small and
large zones, the domain is discretized into a total of
212 %212 % 91 (w x d x h) subcells and 670 x 670 x 91
(w x d x h) subcells, respectively. One may expect to use
much finer meshes, but it should be noted that putting
more divisions results in an exponential increase in com-
puting resource utilization, while the improvement may
be solely tangential. Figure 3 also illustrates the compu-
tational grid used in the small zone CFD simulations.
Once the dynamic conditions, including the fan airflow
speed v and the surface temperatures, i.e. wall Ty, ceiling

Tee, and floor T, are defined, the programme is ready to
solve the flow and temperature fields in the domain. Note
that we represent each ceiling fan using a linear momen-
tum source (similar to an actuator disk) rather than resolv-
ing blade geometry and rotation. Within the thin cylin-
drical fan region identified in the mesh (Figure 3), a ver-
tical body force is applied to the fluid to represent the
fan thrust. The exact dynamics within and around the
fan regions, including complex, blade-dependent vortical
flows, may need to be resolved if one wants to acquire
accurate outcomes with specific fan models in the whole
space. However, our key takeaway from the CFD sim-
ulations is the average convective heat transfer coeffi-
cients across the entirety of each zone’s surfaces, which
are distant from the fans. Laboratory experiments and
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previous CFD analyses suggest this is a valid assumption
since researchers found no significant difference in air
speeds with various fan models outside the area directly
underneath the blades (Chen et al. 2018; Raftery et al.
2019). To streamline the parameters with EnergyPlus, we
converted the volumetric airflow rate induced by the
fan to air turnovers per hour (ATH), in accordance with
Equation 1.

ATH = 3600N; (%) d2v /Vione 1)
where Ny is the number of fans (N = 1 for the small zone
and Nf = 9 for the large zone) and every fan is assumed
to operate identically. V;ope is the volume of the zone. ATH
is a metric used in the ceiling fan industry to distinguish
it from ventilation air change rates (ACH) and it takes the
meaning of the total volumetric flow rate of air thrusted
by the fan(s) per hour, normalized by the zone's volume.
Since the airflow field generated by a ceiling fan is inher-
ently spatially non-uniform, the fan speed parameter v¢
represents a spatially average vertical over the fan’s swept
area, used to define the total volumetric flow rate. In the
OpenFOAM implementation, this flow rate is used to set
the spatially constant thrust (momentum) source term
over the fan region. The sign of ATH, which follows that
of v¢, may be used to determine the direction of the fan
airflow. We treat the upward airflow direction as positive,
and vice versa.

In the solver stage, we first used the ‘buoyantFoam
application for steady-state flow solutions subject to both
thermally driven and fan-induced convections, and then
used the ‘thermoFoam’ application to refine a steady-
state zone temperature solution from the previously
obtained flow velocity field. For the turbulence closure,
we adopted the shear stress transport (SST) k- model,
a widely used Reynolds-averaged Navier-Stokes (RANS)
approach for indoor airflow applications (Menter, Kuntz,
and Langtry 2003). The Boussinesq approximation (Zey-
tounian 2003) serves as the equation of thermal state,
where flow incompressibility holds despite the consider-
ation of small linear variations in fluid density with respect
to fluid temperature. The approximation remains reason-
ably accurate for temperature differences up to 28.6 °C,
sufficient for typical indoor conditions (Gray and Giorgini
1976). All constant properties of air are taken at 20 °C,
at which we also set T, T . We employed the follow-
ing solution procedure with defined convergence criteria
for each stage. First, the buoyantFOAM application was
used to compute the airflow field with a target residual
threshold of 1073 for all fields. For all cases presented, the
velocity field residuals converged below this threshold.
As is typical for simulations of turbulent, buoyancy-driven
indoor flow, which often exhibit quasi-steady circulations

7

rather than a strictly steady state, the pressure residu-
als occasionally remained above this threshold when the
prescribed iteration limit was reached (5000 iterations for
the small zone case and 1500 for the larger zone case, set
based on fixed computational time constraints). Under
the Boussinesq approximation, the pressure field is not
directly coupled to the temperature equation, and con-
vergence of the velocity field is sufficient to ensure con-
vergence of the thermal solution. Then, the converged
velocity field was held fixed and supplied to the thermo-
FOAM application which was run until the temperature
field converged with residuals well below 1073, This pro-
cedure ensures that the temperature and heat flux fields
used in post-processing are fully converged, stable, and
internally consistent. To accelerate convergence, we ini-
tialized each case with the solution from the nearest ATH
condition with a similar temperature boundary or from
the natural convection case (ATH = 0).

After obtaining steady-state solutions given T, T¢f, T,
and ATH, we post-processed the results to extract sur-
face heat fluxes (Gceiling at the ceiling, gfoor at the floor,
and gy at the sidewalls) and the spatial mean of the
zone air temperature T. While local air speeds and con-
vective heat transfer vary with respect to distance from
the ceiling fan, extracting the surface-average heat flux
inherently integrates these spatial non-uniformitiesinto a
single comprehensive metric for the defined fan-cell area.
This T is calculated as the volume-average (i.e. bulk) air
temperature of the entire zone domain. Finally, we calcu-
lated the convective heat transfer coefficients h. via the
following equations:

hc,ceiling = T _1 = mg;_ (2)
«
qfi
hc,floor = ToorT (3)
o —
Qwall
hc,wall = Thmf T (4)

Note that T..f < T < Th. For h. to be consistently
non-negative, we should take the sign of g as positive if
heat is transferred into the zone, and vice versa. While
T could be defined locally at specific heights within the
room (Causone et al. 2009) to evaluate localized draft
or comfort, the intended application of the CFD results
is their direct implementation into BEM tools (e.g. Ener-
gyPlus) which represent zone air as a single, well-mixed
node. Accordingly, we define h, to relate the integrated
surface-specific heat flux to the bulk zone air tempera-
ture to ensure consistency with the thermal modelling
framework used in BEM tools. We simulated ATH values
of 3, 10, 25, 50, and 100 in both the upward and down-
ward fan flow direction plus the natural convection case,
i.e. no fan. We evaluate fan flow direction because each



will have a distinct airflow pattern in the zone, which
will affect the surface integrated convective heat trans-
fer coefficient. We maintained T, and T constant but
varied Ty, such that the temperature difference between
these two surface temperatures varied from 1 to 12K in
1 Kincrements for the small zone. For the large zone, we
extended this range to 24, 36, 48, and 60K to capture
asymptotic behaviour. We did not model heat transfer by
radiation in the zones, as our objective was to isolate con-
vection effects. OpenFOAM model input files are available
in the supplementary material.

We compared the CFD results with prior experimen-
tal and review studies on radiant surface heat transfer as
a consistency check. For natural convection conditions
(ATH = 0), Shinoda et al. (2019) provide a comprehen-
sive synthesis of measurements and correlations that we
use as a benchmark for baseline convective behaviour. By
contrast, few studies examine radiant systems with ceil-
ing fan induced air movement, and even fewer report
sufficient detail for direct comparison. Among the avail-
able literature Arumugam, Maiya, and Shiva Nagendra
(2024) is the only study we identified that experimen-
tally evaluates radiant cooling performance under ele-
vated air movement with ceiling fans with the informa-
tion required i.e. surface temperatures, air conditions, and
heat fluxes.

2.2. Modelling and simulation approach in
EnergyPlus

We developed a single zone model with a TABS radi-
ant system in EnergyPlus v8.9 to evaluate the impact of
elevated air movement on system performance. Energy-
Plus applies the ASHRAE Heat Balance method for zone
thermal modelling and has been extensively validated,
including against the BESTest standard (Henninger, Witte,
and Crawley 2004). It is open-source, publicly available,
and capable of simulating radiant system performance
(Chantrasrisalai et al. 2003). Since EnergyPlus simpli-
fies radiant piping configurations, we acknowledge that
detailed tubing layouts, which can significantly influence
heat transfer (Mosa, Labat, and Lorente 2019), are not
captured and lie beyond the scope of this study.

2.2.1. Thermal zone and radiant system design
parameters

We modelled a single square zone without interior parti-
tions to represent the middle floor of an office building.
The zone height was fixed at 3.05 m, with both the floor
and ceiling serving as active surfaces for the high ther-
mal mass radiant system. Thus, the floor and ceiling are
thermally interconnected. Accordingly, floor and ceiling
boundary conditions were set as ‘Surface’ while all interior
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Figure 4. Schematic diagram of the TABS radiant cooling system
investigated in this study.

0.076 m

walls were assigned as ‘Adiabatic’ conditions. In multi-
story buildings employing TABS, a single structural slab
is often exposed to the space below as a radiant ceiling
and to the space above as a radiant floor. This configu-
ration reflects common construction practice and does
not imply identical thermal setpoints or control objec-
tives between adjacent stories. Differences in internal
loads and operating requirements are typically addressed
through independent control of supply conditions rather
than by thermally isolating slab surfaces. Accounting for
heat exchange on both sides of the slab, therefore, pro-
vides a more realistic representation of radiant system
operation.

The base-case building has a normal-weight concrete
structural slab with embedded hydronic tubing as shown
in Figure 4. Tubes with an inside diameter of 0.016 m
(5/8 in) were placed 0.127 m below the floor surface, with
0.076 m of concrete below, giving a total slab thickness of
0.203 m. We set tube spacing to 0.152 m and maximum
circuit length to 105 m.

The thermal properties of floor/ceiling concrete slab
are 1.8 W m~" K=' and 2240kg m~3 for thermal con-
ductivity and density, respectively. We modelled interior
walls as medium thermal mass, composed of three layers
outside to inside: normal weight concrete (0.1 m thick-
ness, 1.2 W m~" K~ thermal conductivity, 2240 kg m—3
density), insulation layer (0.059m, 0.03 W m~! K=, and
15kg m~3), and plasterboard (0.013m, 0.16 W m~! K1,
800 kg m3).

To isolate the impact of air movement on radiant sys-
tem performance, we held all typically transient sched-
ules constant, including supply water temperature and
flow rate within each EnergyPlus simulation. Exterior sur-
faces and windows were excluded to eliminate solar and
diurnal effects. In fixing typically transient disturbances,
we effectively represent a ‘'moment-in-time’ snapshot of
a specific system'’s behaviour. While condensation risk is
animportant design consideration for radiant cooling, we
did not explicitly model it. We assumed standard prac-
tices apply where the ventilation system maintains indoor
humidity such that the zone dewpoint always remains
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below the lowest supply water temperature, prevent-
ing condensation on active surfaces or manifolds. We
explored two design supply to return water temperature
differences, i.e. 3.3 and 6.7 K, to capture a representative
range of design conditions.

2.2.2. Airmovement modelling approach

EnergyPlus provides several interior convection models,
such as the default model Thermal Analysis Research Pro-
gram (TARP), Simple, Adaptive, and Ceiling Diffuser, along
with case-specific equations. However, no universally
accepted ‘best model’ exists for interior convective heat
transfer, and critically, EnergyPlus lacks a model to rep-
resent ceiling fan induced air movement. To address this
gap, we developed six regression-based models using the
CFD results described in section 2.1. Each model accounts
for surface type (floor, ceiling, or wall) and fan flow direc-
tion (upward or downward). We considered a regres-
sion model with three independent variables of the form
shown in equation 5.

he =AxATH* +Bx AT +Gx Dy’ +C  (5)

where A, B, G, C, a, 5,and y are model parameters derived
from CFD data, ATH [-/h] is the fan air turnover rate, AT [K]
is the temperature difference between mean zone air and
surface temperature, and Dy, [m] is the hydraulic diam-
eter of the zone calculated as four times the zone area
divided by its perimeter. Prior studies on radiant systems
with mechanical ventilation (Jeong and Mumma 2003;
Novoselac, Burley, and Srebric 2006) have employed
mixed-convection correlations that express the convec-
tive heat transfer coefficient as a combination of airflow-
related and temperature-difference terms. In some situ-
ations, they account for zone scale geometry. Thus, we
took a similar approach, but we are using ATH instead of
diffuser air velocity or ACH.

We implemented these models in EnergyPlus using
‘EnergyManagementSystem’ (EMS) objects. At each time-
step, the EMS program recalculates h. for ceiling, floor,
and wall surfaces based on AT, overriding the default
convection coefficients. While ATH and flow direction
remain fixed within a given model run, AT is updated
dynamically as the simulation approaches steady state.
This framework offers a practical approach to represent-
ing ceiling fan effects in whole-building simulations. The
same approach can be easily extended to dynamically
vary ATH based on a schedule or in response to other
dynamic simulation variables, enabling the evaluation of
integrated radiant and ceiling fan operation for occupant
comfort, energy efficiency, and grid-responsive control
in annual simulations. An example EnergyPlus model idf
thatincludes the EMS program to override the convective

Table 1. Summary of design parameters and their levels to create
3,536 valid models with unique combinations.

Design Parameters Levels

0 (natural convection), 3, 10, 20,
30, 60, 100

50, 100, 200, 500

Downwards, Upwards

15,18, 21

Air turnover per hour (ATH)

Zone floor area [m?]

Fan flow direction

Radiant system supply water
temperature [°C]

Radiant system tube spacing

Floor Covering (carpet)

0.1524m (6in), 2286 m (9 in)
No, Yes (R-value = 0.335m2 KW~")

Target/Baseline zone operative 24,26, 28
temperature [°C]
Target/Baseline supply-return water 33,67

temperature difference [°C]

heat transfer coefficient is available in the supplementary
material.

2.2.3. Design factors evaluated

We evaluated geometric, operational, and design factors
to characterize the performance of the TABS and ceil-
ing fan coupled system. As a source of variation to eval-
uate the influence of wall heat transfer on the results,
we adjusted the floor area of the zone using four lev-
els (see Table 1). In larger zones, walls have much less
effect on surface heat transfer than in smaller zones. We
vary the following design parameters: fan ATH (i.e. the
combination of different surface convection coefficient
values for ceiling, floor, and walls), fan flow direction,
radiant system supply water temperature, radiant system
tube spacing, and the existence of a carpet layer. We
obtain an initial model list by performing a full factorial
design on the design parameters and levels in Table 1.
The selected design parameters are within the recom-
mendations and constraints of established standards
(ASHRAE 2023; 1SO 2021), design guidelines (Babiak, Ole-
sen, and Petras 2009), previous research (Duarte Roa
et al. 2025), and exemplary manufacturer specifications
(Uponor 2013).

This results in a list of 4,032 models. However, we post-
process the initial full-factorial set to adjust the target
zone operative temperature since it is possible to com-
bine the target zone operative temperature, radiant sup-
ply water temperature, and supply-return temperature
difference in unrealistic scenarios. Thus, when the sum of
the radiant supply water temperature and supply-return
temperature difference was greater than the target zone
temperature, we added 2 K to the sum of the radiant sup-
ply water temperature and supply-return temperature
difference and rounded up to the next whole value to
obtain the new target zone operative temperature. We
remove 224 duplicates from this post-process step. We
also remove 272 duplicate natural ventilation cases that
result from combining zero ATH cases with the downward



and upward parameters which are irrelevant for that sce-
nario. In total, we evaluated 3,536 unique combinations
of the design parameters.

Then, we present two scenarios. In the first scenario,
referred to as Scenario 1, we aim to maintain a target
zone operative temperature (£0.25 °C) and a target sup-
ply to return water temperature difference (+0.1 K) as we
vary the design parameters mentioned above. Achiev-
ing these conditions requires an iterative adjustment of
internal heat gains and radiant system water flow rate.
Scenario 1 allowed us to isolate the effect of ceiling
fans on radiant system steady-state cooling heat trans-
fer rate while holding operative conditions constant. In
the second scenario, referred to as Scenario 2, we initi-
ate with 272 baseline models from Scenario 1 in which
no fans were modelled. These baseline models already
achieved the target operative temperature and supply-
return water temperature difference using the internal
heat gains and radiant system water flow rate found in
Scenario 1. We then varied ATH and air flow direction,
but unlike Scenario 1, we did not adjust heat gains or
water flow rates, as compared to their respective no-fan
baseline (ATH = 0). As a result, the steady-state opera-
tive temperature and supply-return water temperature
difference were different for models with higher air move-
ment when compared to their no-fan baseline. Scenario
2, therefore, captures the effect of fans on zone thermal
conditions under steady-state system operation.

Scenarios 1 and 2 are intentionally structured to
decouple system-level steady-state cooling heat transfer
rate enhancement from occupant-level comfort enhance-
ment. In practice, the combined effect would arise
under fan-assisted operation control strategies in which
increased air movement simultaneously enhances radi-
ant system performance and occupant heat transfer,
without imposing artificial constraints, to respond to
varying weather conditions and internal load distur-
bances. Together, the two scenarios enable us to evaluate
three outcomes: (1) increases in radiant system steady-
state cooling heat transfer rate at constant zone operative
temperature Top; (2) changes in operative temperature,
reference temperature difference ATj, and equivalent
heat transfer coefficient Ky at fixed load; and (3) the cool-
ing effect of air movement, expressed as an equivalent
temperature reduction experienced by occupants. The
reference temperature difference (ATy) [K] and equiva-
lent heat transfer coefficient (Ky) [W m~2 K~'] are pre-
sented in equation 6 and equation 7, respectively (ISO
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2021).
AT, — Two - Twi (6)
h= In[(Twi — Top)/(Two — Top)l
-9
Ky = T (7)

where, Ty, Two [°C] are the supply and return water tem-
perature, respectively, Top [°C] is the zone operative tem-
perature, and q is the surface heat flux for the active
surface.

We use equation 8 to calculate the cooling effect for
the various EnergyPlus models we simulated. Equation
8 uses the standard effective temperature (SET) which is
a thermal comfort index defined and used by ASHRAE
Standard 55 to assess the cooling effect of air movement
into an equivalent temperature. SET represents the tem-
perature of an imaginary, uniform environment where an
imaginary occupant with standard activity and clothing
levels would experience the same total heat loss from the
skin as the actual person in the actual, non-uniform envi-
ronment. SET is computed using a human thermoregula-
tion model and explicitly integrates the combined effects
of air temperature, MRT, humidity, air movement, cloth-
ing insulation, and metabolic rate. Unlike air temperature
alone, SET accounts for both convective and radiative
heat exchange between the occupant and the surround-
ing environment. Importantly, SET also captures the influ-
ence of elevated air movement, which increases con-
vective and evaporative heat loss and can substantially
reduce perceived warmth without changes in air or sur-
face temperature, i.e. cooling effect. Therefore, SET is an
appropriate metric for comparing thermal comfort across
different combinations of radiant operating conditions
and air speeds. Luo et al. (2021) also used this calculation
to similarly evaluate the cooling effect of air movement in
non-radiant system building spaces. We used the CBE Fan
Tool (Raftery 2019) to determine the fan cell size for a typ-
ical office fan installation for each zone size we simulate
and models outlined in Raftery et al. (2019) to estimate
the air speeds for seated occupants. We selected a fan
type from the tool that can achieve at least 100 ATH. We
assumed standard office occupants working in summer
(e.g. 50% RH, 1.1 MET, and 0.5 CLO). We obtained zone
air and mean radiant temperatures from the EnergyPlus
simulations.

COOIingEffeCt = SETstiIIair — SET girmovement (8)

3. Results

We first present CFD flow field visualization to illus-
trate the airflow mechanisms through which ceiling fans
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Figure 5. (Top) Cross-sectional velocity magnitude contours
(x = 0 plane) comparing downward fan flow (ATH = —10) and
upward fan flow (ATH = 10). (Bottom) Velocity magnitude con-
tours at occupant height (z = 1.1m) comparing downward
(ATH = —10, —100) and upward (ATH = 10, 100) flow directions.
Data for both figures taken from the cases at T, T, = 20 and
Th = 26 °C.

enhance radiant system heat transfer rate. Figure 5 (top)
shows the velocity field for downward and upward fan
operation at the same airflow magnitude (ATH = 10),
highlighting the distinct flow structures generated by
each configuration. In the downward case, a high
momentum jet impinges on the floor, strongly enhanc-
ing near floor mixing and convective heat transfer. Con-
versely, upward operation directs airflow toward the ceil-
ing where it spreads radially and promotes enhanced
convection across the ceiling surface. In both cases, the
resulting increase in overall room scale mixing improves
convective heat transfer at the opposing surface and
increases the total heat flux. Figure 5 (bottom) further
illustrates the spatial distribution of air speed at the occu-
pied level, demonstrating the inherent non-uniformity
of fan induced flows and the contrasting comfort impli-
cations of upward versus downward operation. Upward
airflow may be a superior choice for avoiding local

discomfort since it produces more diffused, uniform air-
flow. The concentrated high velocity jets from a down-
ward airflow may increase draft risk for occupants seated
directly below. These flow visualizations provide physical
context for the surface-averaged convective heat trans-
fer coefficients and system-level performance trends dis-
cussed in subsequent sections.

Similarly, the thermal mechanism by which ceiling fans
enhance convective heat flux is illustrated in Figure 6,
which compares the temperature field under natural con-
vection with fan-induced airflow at 25 ATH. Under nat-
ural convection, the zone exhibits pronounced thermal
stratification, with warm air accumulating near the ceil-
ing and thick thermal boundary layers forming along the
enclosure surfaces, particularly in the sidewall-ceiling cor-
ners. This stable stratification causes warm and cool air
to remain adjacent to the respective hot and cooled sur-
faces, effectively increasing thermal resistance and lim-
iting heat transfer. In contrast, fan-assisted convection
fundamentally alters the zone's thermal structure by gen-
erating a well-mixed core with more uniform temperature
distribution. Fan-driven circulation compresses the ther-
mal boundary layers against the active surfaces, thereby
reducing convective resistance. The conceptual stream-
lines further illustrate how the fan induced flow (blue
arrows) entrains bulk air and drives it along the walls
and floor, overcoming buoyancy-driven circulation (red
arrows) that otherwise sustains stratification. This disrup-
tion of the buoyancy-dominated flow regime reduces the
overall thermal resistance of the zone and enables higher
convective heat transfer rates.

3.1. Convective surface heat transfer coefficients
from CFD

Figure 7 and Figure 8 present the effects of ceiling fan
induced air movement on convective surface heat trans-
fer coefficients and heat fluxes in the large zone. Results
are plotted as functions of the temperature difference
between mean zone air and the cooled surface tempera-
ture (AT), for a range of ATH, flow directions, and surface
types. For the no-fan baseline condition (ATH = 0), we
include established natural convection correlations from
the literature, summarized by Shinoda et al. (2019) and
current ASHRAE guidance, solely for reference and valida-
tion of the natural convection regime. The CFD results for
this baseline align closely with ASHRAE guidance, while
greater variability is observed among other experimen-
tal correlations reported in the literature, particularly for
floor and wall surface coefficients. For fan driven cases
(ATH > 0), comparable reference correlations are largely
unavailable. Instead, we plot the results of the simplified
regression models developed in this study (equation 5
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Figure 6. Temperature contours with conceptual flow streamlines at the x = 0 plane comparing (left) natural convection and (right)
forced convection at ceiling fan ATH = 25. Fan induced flow (blue arrows) entrains bulk air and drives it along the walls and floor, over-
coming buoyancy-driven circulation (red arrows) that otherwise sustains stratification. Data for both figures taken from the cases at

TeeTer = 20and Ty, = 26 °C.

and Table 3), shown as black ‘x” symbols and labeled ‘Sim-
ple Model’, which demonstrates close agreement with
the CFD data. Arumugam, Maiya, and Shiva Nagendra
(2024) experimentally evaluated wall-mounted radiant
panels under ceiling fan operation for ATH values up to
86. However, their reported convective coefficients dif-
fer from the present Simple Model results by 27-50%.
Notably, substantial variability was also observed in their
natural convection measurements, which limits direct
comparison. We found similar trends in the small zone
(see Supplementary material A1). Readers can also refer to
the supplementary material for high-level results for the
CFD simulations.

As expected, convective heat transfer coefficients
increased with higher ATH, confirming the positive rela-
tionship between air movement and surface convection.
With respect to temperature difference, the coefficient
values rose sharply between 0 and 3 K, then plateaued as
values stabilized. This indicates that momentum-driven
effects due to fan operation, rather than buoyancy driven
effects due to the surface to air temperature gradient, are
the dominant driver of increased convection. Effects at
very low fan speeds (< 3 ATH) were negligible, particu-
larlyin the small zone, suggesting that significantincrease
in convective heat transfer requires higher airflow rates.
Table 2 summarizes the average percentage change in
convective coefficients for AT > 3K compared to nat-
ural convection (ATH = 0). Both small and large zones
required ATH > 3 for measurable increases. Flow direc-
tion also played a role. That is, a downward flow pro-
duced larger gains at the floor surface while an upward
flow more strongly affected the ceiling. Effects on walls
were modest but became more noticeable in larger zones
and at high ATH. The strongest relative increases were

observed at the floor, where natural convection is weak-
est. Without fans, cool dense air tends to stagnate near
the floor, suppressing convection. Fan induced air move-
ment disrupts this stratification, substantially increasing
forced convection and heat transfer.

Table 3 reports regression parameters for six simpli-
fied convection models based on the form shown in
equation 5, each representing a surface type and fan
flow direction. These models are valid for ATH > 10, as
coefficients at lower fan speeds resemble no-fan cases.
The regression model estimations were also plotted in
Figure 7 and Figure 8 (black ‘x’), showing close agree-
ment with CFD data. In addition, selected simple regres-
sion model estimates are presented in table form in the
appendix for the large zone. Goodness of fit statistic con-
firms this with R2 values exceeding 0.96, root mean square
error (RMSE) ranging from 0.36 to 0.72, and mean abso-
lute percentage error (MAPE) ranging from 3.7 to 14.1%.
Higher MAPE values were associated with upward flow
at the floor, reflecting greater variability in these condi-
tions. Overall, the CFD analysis demonstrates that ceil-
ing fans significantly enhance convective heat transfer
coefficients, particularly at higher ATH and for floor sur-
faces prone to air stagnation. We implemented these
models in EnergyPlus to evaluate system-level impacts
of TABS and ceiling fan coupled systems under a wide
range of design and operational scenarios as detailed in
section 2.2.3.

3.2. Heat transfer rate and temperature results
from EnergyPlus

Table 4 summarizes inputs and outputs from the CBE
Fan Tool, and Figure 9 shows the estimated occupant-
level air speeds for various ceiling fan ATH values and
zone areas. We used these air speeds to estimate the
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Figure 7. Ceiling, floor, and wall convective surface heat transfer coefficient of a large zone (500 m?) for various ceiling fan air turnover
per hour (ATH), fan flow direction, and temperature difference between the mean zone air and zone surface. The colored shapes indicate
CFD derived points, and the black outlined shapes indicate references found in the literature (Shinoda et al. 2019). Natural refers to the
no-fan condition and the solid black line refers to the ASHRAE references with no fans. Simple model predictions calculated from equation

5 using parameters in Table 3 are shown with black ‘x"

Table 2. Average percentage change in convective surface heat transfer coefficient at 3 K and above tem-
perature difference between mean zone air and surface temperature from zero air turnovers per hour (ATH)
reference. The calculations are performed from the CFD data. Values on the left of the ‘|" are for the small

zone and values on the right are for the large zone.

Surface  Fanflow direction ~ ATHO 3 10 25 50 100

floor downward - —12% | 14% 150% | 79%  504% | 405%  862% | 818% 1570% | 1572%
ceiling downward - 3% | 10% 1% | 35% 42% | 87% 88% | 149% 201%|211%
wall downward - 0% | 11% 36% | 44% 148% | 157%  266% | 296% 515% | 510%
floor upward - —8% | 13% 20%128%  185%|130%  505% | 322% 855% | 651%
ceiling upward - 4% | 25% 30%|64%  104%|132%  208%|224%  431%|379%
wall upward - 1% | 22% 28% | 56% 123%]132%  276% | 246% 528% | 439%

cooling effect in Scenarios 1 and 2 as described below.
As noted by Raftery et al. (2019), the airflow mod-
els apply to downward fan operation. Reversing fan
direction at the same rotational speed typically pro-
duces lower but more uniform air speeds. For the fan
sizes modelled here, rated airflow was sufficient to
exceed the maximum simulated value of 100 ATH in the

downward direction. The extra capacity may be enough
to achieve comparable air speeds for the upward air-
flow. For each zone, we calculated minimum, maximum,
and area-weighted mean air speeds. Minimum values
occur at fan cell edges, maximum under the blades, and
area-weighted averages reflect typical seated occupant
exposure.
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Table 3. Convective surface heat transfer coefficient model parameters derived from the CFD simulation test cases for various surface
types and fan flow directions. The last three columns show the coefficient of determination (R?), root mean square error (RMSE), and
mean absolute percentage error (MAPE) to indicate the simple models’ goodness of fit.

Surface Fan flow direction A o B g G y C R? RMSE MAPE
floor downward 0.36 0.7944 —0.79 —0.034 4.63 —0.0825 —2.84 0.993 0.361 6.2%
ceiling downward 0.93 0.4794 4.43 0.0894 2,67 0.1759 —8.89 0.969 0.382 5.8%
wall downward 1.18 0.64 11.59 0.0367 7.15 0.0524 —20.10 0.993 0.542 3.7%
floor upward 0.13 0.8706 9.91 —0.0036 6.71 —0.1783 —13.97 0.978 0.360 14.1%
ceiling upward 1.08 0.5696 5.54 0.0473 3.12 0.0641 —9.90 0.977 0.620 7.1%
wall upward 1.12 0.6492 6.68 0.0344 83.30 —0.0064 —89.17 0.988 0.718 6.1%

Table 4. Relevant inputs and outputs of the CBE Fan Tool to estimate the air speeds for a seated occupant
for ceiling fan(s) with downward flow.

Zone area Fan cell size (w Fan No. of fans in Max fan air Rated fan Max zone
m?] xd [m]) diameter [m] zone speed [m/s] airflow [m3/s] ATH
50 7.07 x 7.07 2.1 1 2.16 7.73 183
100 5x5 1.5 4 2.1 3.83 181
200 7.07 x 7.07 2.1 4 2.16 7.73 183
500 7.45 x 7.45 2.1 9 2.16 7.73 164
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Figure 9. Estimated air speeds for a seated occupant for various ceiling fan air turnovers per hour (ATH) and zone floor areas. The air
speeds are based on models developed in (Raftery, Fizer, et al. 2019) for downward flow. The ‘Lowest’ and ‘Highest’ values represent the
model predictions for the lowest and highest air speeds in a space with a specified fan, and the ‘Weighted-Avg. represents the room area

weighted average air speed in the space.

3.2.1. Scenario 1: targeted operation temperatures

In Scenario 1, we vary the internal heat gains and radi-
ant water flow rates to maintain both a target operative
and a fixed supply to return water temperature difference.
Figure 10 shows a limited set of data from EnergyPlus sim-
ulations to better illustrate the impact of the target zone
operative temperature, temperature difference between
zone operative and active radiant surface temperature,
and ceiling fan airflow rate on the steady-state cooling
heat transfer rate (radiant plus convective) of the radiant
system. We evaluate steady-state cooling heat transfer
rate as a function of the temperature difference between
the zone operative and active surface temperature, rather
than air-surface temperature difference. Operative tem-
perature captures the combined effects of air tempera-
ture and MRT and therefore represents the relevant ther-
modynamic driving potential for total heat exchange in
radiant systems. Using operative temperature also allows
us to compare the steady-state cooling heat transfer rate
under equivalent physical thermal conditions. However,
they are not the same perceived occupant thermal com-
fort conditions since air movement induces a cooling
effect on occupants as shown below.

Figure 10 presents three model groupings, each with a
targetzone operative temperature of 24, 26, or 28 °C. Each
model within the group, represented by color, shows the
impact of various ATH. As mentioned above, an ATH of 3
results in a similar performance as the no-fan case and we
excluded it from further analysis. The rest of the design
parameters in Table 1 remain at the same level for all
models in Figure 10. Figure 10 shows that the steady-
state cooling heat transfer rate increases with higher tar-
get zone operative temperature because the operative to
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Figure 10. Three model groupings to illustrate the impact of
the temperature difference between zone operative and active
radiant surface temperature, target zone operative tempera-
ture, and increased ceiling fan air turnover per hour (ATH)
on steady-state cooling heat transfer rate. Each model has its
resulting Standard Effective Temperature annotated. The three
model groupings have the following same parameters: fan flow
direction = downwards, zone floor area = 100 m?, floor cover-
ing = none, radiant system supply water temperature = 18 °C,
target supply-return water temperature difference = 3.3 °C, and
radiant system tube spacing = 0.1524 m.

surface temperature difference widens. Both air and radi-
ant surface temperatures rose, though air temperature
increased more rapidly, producing greater cooling heat
transfer rate. Fan operation further boosted cooling heat
transfer rate while reducing the operative to surface tem-
perature difference. Although the zone operative tem-
perature remains the same among each group defined
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Figure 11. The impact on (top-left) zone air, (top-right) active surface, and (bottom-left) operative temperatures when maintaining a
constant design zone operative temperature and supply to return water temperature difference as ceiling fan air turnover per hour (ATH)
increases for Scenario 1. These combined dynamics result in a (bottom-right) cooling effect due to air movement.

by shapes in Figure 10. There are a couple of dynamics
occurring that result in a lower temperature difference
as ceiling fan ATH increases. First, the increase in cooling
heat transfer rate from elevated air movement results in
warmer radiant surface temperatures. Second, the zone
air temperature decreases compared to the no-fan case
and approaches the target operative temperature with
increasing air movement. Figure 11 shows these effects
on aggregate from all the simulations in Scenario 1. Both
effects result in lower temperature differences between
zone operative and active radiant surface temperatures.
The temperature changes are more pronounced for zones
with higher zone operative temperatures. That is, the
drop in the temperature difference between zone opera-
tive and active radiant surface temperature is 1.46 K from
0 to 100 ATH at 28 °C versus only 0.71 K for the 24 °C
case. This is also shown visually in Figure 10 through the
spread of the results within each model group. Lastly, as
air movement increases within the zone, the Standard

Effective Temperature decreases, producing a measur-
able cooling effect at higher ATH levels. For example,
comparable thermal comfort can be achieved at an oper-
ative temperature of 28 °C with ATH = 100 as at 24 °C
with ATH = 0. Figure 11 shows the aggregate cooling
effect of increasing ceiling fan ATH while maintaining
constant zone operative temperatures. The cooling effect
can reach a median of up to 3.71K for the highest air
speeds.

Figure 12 shows all the data for Scenario 1,and it shows
the same relationships described above for Figure 10.
Figure 12 also shows that the operative to active sur-
face temperature difference is about 5K in the models
simulated under steady-state conditions. Furthermore, it
shows a maximum cooling heat transfer rate of 150 W
m~2 with elevated air movement, which is noteworthy
since radiant systems are often cited as having limited
cooling capacity under current standard design practices,
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radiant surface temperature, grouped by ceiling fan air turnover
per hour (ATH). Each group has a linear regression trend superim-
posed.

e.g. a peak surface heat extraction rate of about 31 W m—2
(Duarte Roa et al. 2025).

Figure 13 quantifies the incremental cooling heat
transfer rate from elevated air movement relative to
no-fan baselines. Median increases rose from 3.0 (IQR:
1.6-44)Wm~2at 10 ATHup to 13.5 (8.4-21.7) Wm™2 at
100 ATH under upward flow, with a maximum absolute
increase of 48.7 W m~2. Normalized to baseline capaci-
ties, these represent gains of 9.5% (6.3-13.3%) at 10 ATH
and up to 47% (42.6-53.0%) at 100 ATH. Furthermore,
the models’ total cooling heat transfer rate starts diverg-
ing between the downward and upward airflow direction
groups at 20 ATH, reaching an 8% median difference at
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100 ATH, with upwards airflow yielding higher cooling
heat transfer rates at the same fan airflow rate.

Reference temperature difference remained stable for
models sharing the same target operative temperature
and supply to return water temperature difference across
different ATH, flow directions, pipe spacing, floor cov-
ering, and floor area (see Supplementary material B1).
However, in general, it decreases as zone operative tem-
perature decreases, supply water temperature increases,
or as the supply to return water temperature difference
increases. Equivalent heat transfer coefficient showed
clearer sensitivity where values increased with lower
supply water temperature, higher ATH, higher opera-
tive temperature, tighter pipe spacing, smaller supply to
return water temperature difference, and absence of car-
pet (See Figure 14). Zone size and fan airflow direction
have little effect on the overall equivalent heat transfer
coefficient.

3.2.2. Scenario 2: fixed total design cooling capacity

Scenario 2 began with the 272 baseline models from
Scenario 1 that achieved the target operative tempera-
ture and supply to return temperature difference without
fans. We fixed the internal heat gains and radiant system
water flow rate and varied fan ATH and flow direction. As
a result, cooling capacity was fixed and only zone tem-
peratures varied. Figure 15 shows that increasing ATH
lowered both air and non-active surface temperatures,
while active surface temperatures remained nearly con-
stant due to the fixed waterside inputs. Compared to the
natural convection case, air temperatures fell by 0.57 K
(0.45-0.73) at 10 ATH to 1.58K (1.15-2.46) at 100 ATH.
Non-active surfaces cooled by 0.16K (0.10-0.23) at 10
ATH to 1.01 K (0.71-1.74) at 100 ATH. The overall effect
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causes the operative temperature to drop from 0.33K
(0.26-0.44) at 10 ATH to 1.02K (0.76-1.62) at 100 ATH.

Figure 16 illustrates the resulting cooling effect for Sce-
nario 2 which combines lower zone temperatures with
enhanced air movement. Cooling effect rose from 0.3K
(0.2-0.5) at 10 ATH to 4.8 K (4.4-5.3) at 100 ATH, surpass-
ing Scenario 1 values due to the additional contribution
of reduced air and radiant temperatures.

Unlike Scenario 1, the reference temperature dif-
ference decreased with increasing ATH, as shown in
Figure 17, because operative temperatures were not
held constant when compared to its respective no-
fan baseline model for Scenario 2. Consistent with

Scenario 1, reductions in the reference temperature dif-
ference occur when the zone operative temperature
decreases, the supply water temperature increases, or
when the supply to return water temperature dif-
ference increases. Zone area and fan flow direction
remained minor factors. Figure 18 shows that the
equivalent heat transfer coefficient increased under the
same conditions identified in Scenario 1: lower supply
water temperature, higher fan speeds, higher opera-
tive temperatures, tighter pipe spacing, smaller supply
to return water temperature difference, and absence of
carpet. Again, zone size and airflow direction had little
influence.
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Figure 16. The change in standard effective temperature (SET)
to quantify the combined cooling effect of the decrease in zone
temperatures and increase in air movement for a seated occupant.

4. Discussion

The simulations in this two-step study explore the effects
of increased air movement, induced by ceiling fans, on
the performance of thermally activated building radiant
cooling systems. The results demonstrate that elevated
air movement can substantially increase convective heat
transfer coefficients, enhance the cooling heat transfer
rate of radiant systems, and provide a significant cool-
ing effect to occupants. These outcomes are consistent
with previous studies, which have shown that introduc-
ing forced convection through supply diffusers or ceiling
fans can increase cooling capacity by 4-37% depend-
ing on the scenario. In addition to corroborating these
findings, this study extends the research in a couple of
ways. First, while much of the literature focuses on forced
convection through supply diffusers on radiant panels or



Target operative temperature [°C] O 24
Supply water temperature [°C]-&- 15

Supply-Return water temperature difference: 3.3 [K]

<

2

8 gz

Q 10- aﬁﬁzﬂ

£ A &

T g. mm A0 on

o =ag

£ o o

© G-mm&'ﬂ% %

) e Rl ad

S et thas .

2V S Ge

g A“* -

5

‘g O- 1 1 1 1 1 ]
e 0 10 20 30 60 100

JOURNAL OF BUILDING PERFORMANCE SIMULATION

® 19

A2 27 O28 7 30
®-18 -®-21
6.7
~22
=19
o
e -16
&2 o =
N - B -
& Wmﬁ e A T
> o - 4
e pord SiE
e A6 el @5
Eemss o —@e
=1
1 1 1 1 1 1
0 10 20 30 60 100

Ceiling fan airflow rate [ATH]
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direction to help visualize the type and density of points at each ATH.

wall systems, this work addresses TABS coupled with ceil-
ing fans, which differ fundamentally in terms of zone air
circulation and thermal inertia, which ultimately affects
the thermal dynamics of the system. Second, by deriving
simplified regression-based convective models from CFD
data and implementing them in EnergyPlus, the study
bridges detailed airflow simulations with whole building
energy modelling. This approach enables a more sys-
tematic exploration of design factors such as ATH, flow
direction, operative temperature, and pipe spacing while
minimizing computational resources. Additionally, other
researchers can directly utilize the simplified regression
models to estimate the impacts of ceiling fans in their
own unique projects. In the long term, these models can
be integrated into modelling and simulation tools such
as EnergyPlus and the CBE-Rad Tool (Raftery et al. 2019).
Since convection acts as a boundary condition governing
heat exchange, the simplified models are not intrinsically
limited to hydronic systems. They could also be tested to
evaluate their applicability for the interactions between
ceiling fans with variable air volume (VAV) systems or for
night ventilation strategies aimed at precooling building
mass. More broadly, the models could provide a prac-
tical framework for rapidly estimating how ceiling fans
influence surface convection and system performance
across diverse building types and operational contexts. As
such, they could represent a valuable starting point for
exploring advanced load-shifting strategies leveraging
ceiling fans, enabling designers and researchers to assess
potential energy, comfort, and grid-interactive benefits

with relatively low computational effort before moving to
more detailed simulations or field studies.

The results of this study highlight important implica-
tions for the design and operation of radiant cooling sys-
tems. In Scenario 1, where the operative temperature and
supply-return water temperature difference were held
constant, ceiling fans increased the steady-state cooling
heat transfer rate by 9-47% depending on ATH. This sug-
gests that designers could size radiant systems combined
with ceiling fans with more flexibility, reducing the need
for supplemental cooling systems. In Scenario 2, where
radiant system capacity was fixed, elevated air move-
ment lowered operative temperature by up to 1K at 100
ATH, providing an additional 4-5 K of cooling effect when
combined with the physiological benefits of elevated air
speeds in the thermal zone. The results from the two sce-
narios support the notion that ceiling fans can effectively
shift the thermal balance between radiant and convective
loads. By enhancing convective transfer at cooled sur-
faces, fans allow radiant systems to operate with warmer
supply water temperatures. Furthermore, the radiant and
ceiling fan-coupled system extends the thermal comfort
envelope by giving more direct control over three out
of six significant factors — air and mean radiant temper-
atures, and air movement - that affect thermal comfort
(ASHRAE 2023). This enables the system to produce neu-
tral thermal sensations at higher operative temperatures.
The energy penalty of including ceiling fans is small since
fans use 30-50 times less operational energy than HVAC
systems (Morris et al. 2021). The overall effect of warmer
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Figure 18. The effect of various design parameters on equivalent heat transfer coefficient (Ky) when we fix the internal heat gains and
radiant system water flow rate as we vary the ceiling fan air turnover per hour (ATH). The target operative temperature is only achieved
in baseline models where there are no fans. The operative temperature decreases as ATH increases. Point jitter is added to the x-direction

to visualize the type and density of points at each ATH.

supply water and zone operative temperatures is a reduc-
tionin chiller power demand, improvementin energy effi-
ciency, and the potential to expand the operating range
of radiant cooling systems into hotter climates.

This study also examines the fan flow direction which
indicates that downward flows most strongly enhance
convection at the floor, while upward flows are more
effective at the ceiling. This directional sensitivity aligns
with physical expectations. That is, downward jets dis-
rupt stagnant boundary layers at cooled floors, whereas
upward flows counteract buoyancy effects at cooled ceil-
ings. Directionality also affects the system'’s total cool-
ing heat transfer rate. The results show that an upward
flow can increase the median cooling heat transfer rate

of the system by an additional 8% at the maximum ATH
evaluated. For designers, this suggests that optimal fan
operation strategies may be tailored to the surface type
and desired cooling distribution, while keeping in mind
that operating in shared spaces can present challenges in
satisfying occupants’ air movement preferences. A down-
ward flow produces less uniform air speeds, i.e. higher air
speeds directly under the fan, while an upward flow can
produce more uniform air movement in the space, but
the ceiling fans are not always designed to do so, caus-
ing lower fan thrust at the same fan rotational speeds
when operating in different directions (Raftery, Fizer, et al.
2019). The relatively small differences observed at walls



further indicate that ceiling and floor surfaces dominate
fan-induced effects.

4.1. Limitations

While the radiant and ceiling-fan coupled system shows
promising results, several limitations warrant discussion.
First, all simulations were conducted under steady-state
conditions. TABS operate dynamically in practice, and
their large thermal mass means that transient interac-
tion with fan operation, internal load variations, and
control strategies differ from steady-state predictions.
Nevertheless, steady-state capacity remains the conven-
tional design basis, and the results are therefore directly
relevant for sizing and system integration. Second, the
CFD approach modelled fans as thrust forces rather than
detailed blade geometries. Laboratory studies suggest
this simplification is valid for predicting bulk air move-
ment away from the fan (Raftery, Fizer, et al. 2019), but a
fan-specific design may yield local variations not captured
here. However, related limitations that can cause larger
uncertainty in the results are the exclusion of furniture
in the modelling and other obstructions (e.g. exposed
ductwork on ceilings) and room configurations (e.g. non-
square floor plans, off-centered fans, or differing layout
of multiple fans). Airflow rates from ceiling fans can be
restricted by furniture and reduce air speeds by up to
0.7 m s~ (Luo et al. 2021) and air flow circulation in other
room configurations will not match our modelled room
configuration, adding uncertainty to the enhanced con-
vection predictions of this study. Third, condensation was
not explicitly modelled, though it remains a critical con-
straint in radiant cooling. The condensation risk will be
affected by elevated air movement, but little research has
been conducted to quantify its effect on these types of
systems. Our analysis suggests that elevated air move-
ment reduces condensation risk since the same cooling
capacity can be achieved with higher room and surface
temperatures when compared to the no-fan case. Nev-
ertheless, our analysis assumed proper humidity control
by ventilation systems at steady-state and still air condi-
tions, but field implementations must carefully address
condensation risks.

Finally, the regression-based convection models
derived in this study are more accurate at fan speeds
above 10 ATH, as performance at lower levels closely
resembles natural convection. This suggests a minimum
threshold of air movement is needed before meaning-
ful cooling heat transfer rate gains occur, an important
consideration for fan sizing and control.
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5. Conclusions

This study examined the influence of elevated air move-
ment on the performance of thermally activated build-
ing (TABS) radiant systems using a two-step simulation
approach. We first used OpenFOAM, an open-source
computational fluid dynamics (CFD) tool, to estimate
surface-specific (i.e. floor, ceiling, and wall) convective
heat transfer coefficients under varying ceiling fan air
turnover rates (ATH) and airflow directions. We utilized
the CFD results to derive simplified regression-based
models for convective heat transfer coefficients. Then, we
integrated the simplified models into single zone whole
building energy models to assess the coupled perfor-
mance of TABS and ceiling fans across a wide range of
geometric, operational, and design factors and condi-
tions. We presented two scenarios in the whole building
energy simulation analysis.

The results from Scenario 1, where we fixed zone
operative temperatures and supply to return water tem-
perature differences, show that elevated air movement
increases TABS cooling heat transfer rate from a median
9.5% at 10 ATH to 47% at 100 ATH, with maximum gains
approaching 49 W m~2. In Scenario 2, where we fixed
baseline system inputs to maintain a constant cooling
capacity as the fan ATH varies, ceiling fans reduced opera-
tive temperatures and provided occupants with up to 5K
of additional cooling effect. These findings confirm that
fan-induced air movement not only augments the steady-
state cooling heat transfer rate of radiant systems but also
extends their comfort range.

By demonstrating how elevated air movement can sig-
nificantly improve the performance of TABS, this study
contributes directly to the ongoing effort to decarbonize
the building sector. Radiant cooling systems already
reduce reliance on energy-intensive, low-temperature air
systems, but their adoption has often been constrained
by perceived limitations in cooling capacity and response
time. Coupling these systems with ceiling fans addresses
this barrier, enabling higher supply water and zone oper-
ative temperatures, reducing cooling power demand,
maintaining occupant thermal comfort, and ultimately
lowering both energy use and greenhouse gas emissions.
These findings suggest that radiant and fan-coupled sys-
tems offer a scalable, low-cost strategy for delivering high
thermal comfort while advancing net-zero energy and
carbon-neutral building targets. As policies and design
practices increasingly prioritize grid flexibility and climate
resilience, the integration of ceiling fans with radiant cool-
ing represents a practical and impactful design pathway
toward the broader decarbonization of the built environ-
ment.
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Nomenclature

hc¢ Surface convective heat transfer coefficient
Wm=2K"]

w Zone width [m]

d Zone depth [m]

h Zone height [m]

h¢ Ceiling-to-fan distance [m]

dr Fan diameter [m]

Aszone  Small zone floor area [m?]

Aizone Large zone floor area [m?]

T Spatial mean of the zone temperature [°C]

Tee Zone ceiling surface temperature [°C]

Ter Zone floor surface temperature [°C]

Th Zone vertical wall surface temperature [°C]

Twi Supply, or inlet, water temperature [°C]

Two Return, or outlet, water temperature [°C]

Top Zone operative temperature [°C]

” Fan air speed [m s™]

N¢ Number of fans [-]

Vione  Volume of the zone [m?3]

q Surface heat flux [W m~2]

deeiing  Ceiling surface heat flux [W m™2]

Groor  Floor surface heat flux [W m™2]

Gwall Side wall surface heat flux [W m~2]

AT Temperature difference between mean zone air
and surface temperature [K]

AT Reference temperature difference [K]

Ky Equivalent heat transfer coefficient [W m™2 K]

Dy Hydraulic diameter of the zone [m]

A Linear coefficient for the fan air turnover rate
term in the surface convective heat transfer
model [-]

B Linear coefficient for the temperature difference

in the surface convective heat transfer model [-]

G Linear coefficient for the zone hydraulic diame-
ter in the surface convective heat transfer model
[-]

C Constant term in the surface convective heat
transfer model [W m—2 K~ 1]

o Exponential coefficient for the fan air turnover
rate term in the surface convective heat transfer
model [-]

s Exponential coefficient for the temperature dif-
ference in the surface convective heat transfer
model [-]

y Exponential coefficient for the zone hydraulic
diameter in the surface convective heat transfer
model [-]
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Appendix

Table A1. Ceiling, floor, and wall surface convective heat transfer coefficients estimations using the models developed with equation 5
and equation parameters listed in Table 3. The estimations are for a large zone (500 m?) for various ceiling fan air turnover per hour (ATH),
fan flow direction, and temperature difference between the mean zone air and zone surface. Note that estimations for natural convection
(ATH = 0) are derived from the ASHRAE guidelines and included in table for reference.

Fan flow Air turnover Air-Surface
Surface direction per hour (ATH) AT =0.1K 0.25 0.5 1 1.5 2 3 4 6 8 10

ceiling downwards 0 0.92 1.23 1.52 1.89 2.14 234 2.65 29 3.29 3.6 3.85
10 2.15 2.46 2.71 297 3.14 3.25 343 3.56 3.74 3.88 3.98
20 3.26 3.56 3.82 4.08 424 436 4,54 4.67 4.85 4.99 5.09
30 4.1 4.41 4.66 4.92 5.09 5.21 5.38 5.51 5.69 5.83 5.94

60 5.98 6.29 6.54 6.8 6.97 7.09 7.26 7.39 7.57 7.71 7.81
100 7.82 8.13 8.38 8.65 8.81 8.93 9.1 9.23 9.42 9.55 9.66
upwards 10 2.88 3.1 3.27 345 3.56 3.64 3.75 3.83 3.94 4.02 4.09
20 482 5.04 5.21 5.39 55 5.58 5.69 5.77 5.88 5.96 6.03
30 6.37 6.59 6.76 6.94 7.04 7.12 7.23 7.31 743 7.51 7.57

60 9.99 10.21 10.39 10.57 10.67 10.75 10.86 1094 11.05 11.14 11.2
100 13.75 13.97 14.14 14.32 14.43 14.51 14.62 14.7 14.81 14.89 14.96
floor downwards 0 0.05 0.07 0.08 0.09 0.1 0.1 0.12 0.13 0.14 0.15 0.16
10 2.1 213 2.15 217 2.18 2.18 2.19 2.2 2.21 2.22 2.23
20 3.73 3.75 3.77 3.79 3.8 3.81 3.82 3.83 3.84 3.84 3.85

30 5.19 5.21 5.23 5.25 5.26 5.27 5.28 5.29 53 53 5.31

60 9.08 9.1 9.12 9.14 9.15 9.16 9.17 9.18 9.19 9.19 9.2

100 13.67 13.7 13.72 13.74 13.75 13.76 13.77 13.78 13.79 13.79 13.8

upwards 10 0.87 0.83 0.81 0.78 0.77 0.76 0.74 0.73 0.72 0.71 0.7
20 1.68 1.65 1.62 1.6 1.58 1.57 1.56 1.55 1.54 1.53 1.52
30 244 2.41 2.39 236 235 234 2.32 2.31 2.3 2.29 2.28

60 4.57 4.53 4.51 4.48 4.47 4.46 445 4.43 4.42 4.41 4.4
100 7.19 7.16 7.13 7.11 7.09 7.08 7.07 7.06 7.04 7.03 7.03
wall downwards 0 0.85 1.14 1.43 1.78 2.03 2.22 2.53 2.77 3.16 3.46 3.72
10 4.1 4.47 4.75 5.04 5.21 5.34 5.52 5.65 5.83 5.96 6.06
20 6.97 7.33 7.62 7.91 8.08 8.21 8.38 8.51 8.7 8.83 8.93

30 9.34 9.7 9.99 10.28 10.45 10.58 10.76 10.88 11.07 11.2 11.3
60 15.13 15.49 15.78 16.07 16.24 16.37 16.55 16.67 16.86 16.99 17.09
100 21.38 21.75 22,03 2232 2249 2262 228 2293 2311 2324 2334

upwards 10 3.64 3.84 3.99 415 4.25 4.31 441 4.48 4.58 4.65 4.7
20 6.48 6.68 6.83 6.99 7.08 7.15 7.25 7.31 741 7.48 7.54

30 8.83 9.03 9.19 9.34 9.44 9.51 9.6 9.67 9.77 9.84 9.9
60 14.62 14.82 14.97 15.13 15.23 15.29 15.39 15.46 15.56 15.63 15.68

100 20.9 211 2125 2141 2151 2157 2167 2174 2184 2191  21.96
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