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ABSTRACT 
 
IECs (Indirect Evaporative Coolers) have emerged as a promising cooling technology due to their 

lower energy consumption and carbon footprint, improved efficiency, and a zero GWP alternative 

by avoiding the usage of refrigerants. The purpose of this research is to assess the thermal 

performance of an HMX (Heat and Mass Exchanger) in the form of an IEC developed by Seeley 

International . Indirect evaporative coolers (IEC) cool the primary air without adding humidity to the 

indoor environment by using the latent heat of vaporization of water in the secondary air stream. 

By pre-cooling the secondary air stream before extracting heat in cross-flow with the primary air, 

the Maisotsenko Cycle (M-Cycle) design of an IEC has the ability to approach dew-point 

temperatures. A sectional mathematical model was developed by linking the heat and mass transfer 

equations in discretized control volumes and solved in Engineering Equation Solver (F-Chart Inc.). 

Results from the model were validated using experimental data from lab experiments for conditions 

with no condensation on the primary side. The simulation findings were found to be in good 

agreement with the experimental data, with an error of less than 10% in the primary exit 

temperatures and secondary outlet humidity ratios; and less than 8% in the secondary exit 

temperatures. The mean average errors (MAE) reported for the primary outlet temperatures, 

secondary outlet temperatures ,and humidity ratios were 0.78 C, 1.22C and 0.0007 respectively. 

A parametric study was also carried out to evaluate the effects of some factors on the performance 

of the IEC, namely air flow rates, primary and secondary side channel lengths and heights, 

separation plate thickness and plate conductivity. Results concluded that the maximum impact on 

the performance parameters (dew-point and wet-bulb effectiveness and heat transferred) was 

exhibited by primary side air flow rate, channel lengths and heights of both primary and secondary 

side. The study corroborates the potential of IECs as a feasible cooling device besides suggesting 

the optimum design parameters. 



 5 

TABLE OF CONTENTS 

ACKNOWLEDGEMENTS 2 

ABSTRACT 4 

LIST OF FIGURES vi 

LIST OF TABLES vi 

INTRODUCTION & LITERATURE REVIEW 7 

1.1 Evaporative cooling 8 
1.1.1 Direct Evaporative Cooling 8 
1.1.2 Indirect Evaporative Cooling 10 

1.2 M-cycle IEC 11 

1.3 HRV/ERV 13 

1.4 Recent advances in indirect evaporative cooling 16 

METHODOLOGY 30 

2.1 Equipment Description 30 

2.2 Test Matrix 33 

2.3 Governing Equations 34 
2.3.1 Geometric Inputs 38 
2.3.2 Equations 39 

RESULTS AND DISCUSSION 43 

3.1 Model Validation with Experimental data 43 

3.2 Parametric Study 47 
3.2.1   Primary air flow rate 48 
3.2.2   Secondary air flow rate 49 
3.2.3   Primary channel length 51 
3.2.4   Secondary channel length 53 
3.2.5   Primary channel height 55 
3.2.6   Secondary channel height 57 
3.2.7   Plate thickness 59 
3.2.8   Plate conductivity 60 

CONCLUSION AND SCOPE FOR FUTURE WORK 63 

NOMENCLATURE 65 

REFERENCES 69 

Appendix 77 

 

 

 

 

  



 6 

LIST OF FIGURES 
 
Figure 1: Direct evaporative cooler (a)Schematic (b)Psychrometric process [13] 9 
Figure 2: Indirect evaporative cooler (a)Schematic (b)Psychrometric process [13] 10 
Figure 3: A heat recovery system [57] 14 
Figure 4: Working principle of a regenerative IEC equipment [13] 19 
Figure 5: Schematic of the evaporative air cooler [43] 23 
Figure 6:Coolerado HRV/ERV schematic (sketch provided by Seeley) with zoomed in view of 

single core in the HMX section [66] 31 
Figure 7: Unit cell representation of HMX (Sketch provided by Seeley) 32 
Figure 8:Exploded view of the HMX [66] 32 

Figure 9: Segment for dry-wet numerical analysis (a) Control volume as a part of the unit cell inset 

(b)Flow parameters entering and leaving control volume 36 

Figure 10: Air flow distribution in the channels for one half core (top view) 37 
Figure 11:Comparison of model results with experimental data for Primary Outlet Temperature 43 
Figure 12: Comparison of model results with experimental data for Secondary Outlet 

Temperature 44 
Figure 13: Comparison of model results with experimental data for Secondary Humidity Ratio 44 

Figure 14: Model vs experimental data validation for core 5 for primary side. 46 
Figure 15: Model vs experimental data validation for core 5 for secondary side. 47 

Figure 16: Effect of Primary airflow rate 49 
Figure 17: Effect of Secondary air flow rate 51 
Figure 18: Effect of Primary channel length 53 

Figure 19: Effect of secondary channel length 55 
Figure 20: Effect of Primary channel height 57 
Figure 21: Effect of Secondary channel height 58 
Figure 22 :Effect of plate thickness 60 
Figure 20: Effect of plate conductivity 60 

 

 

LIST OF TABLES 
 
Table 1: Experimental test points 33 

Table 2: Test matrix for parametric analysis 34 
Table 3: Geometric parameters of the IEC 38 
Table 4: Flow inputs to the model 38 

  



 7 

 

INTRODUCTION & LITERATURE REVIEW 
 

Conventional vapor-compression refrigeration systems have flourished in the market for 

residential and commercial comfort cooling. While they are the most frequently used air-

conditioning systems, as evidenced by their 95 percent market dominance [1], they have some 

significant environmental disadvantages such as high carbon footprint, greenhouse gas emissions 

[2], and high energy consumption [3,4]. Because of the impending energy scarcity, rising energy 

costs, and recently acknowledged environmental problems, interest in evaporative cooling has 

resurfaced. Evaporative cooling is favorable due to its low specific energy consumption [5], 

defined as the energy consumed per unit mass of the product (cooled) air, lack of ecologically 

harmful refrigerants and its diverse applications such as agricultural greenhouse cooling [6], 

data center [7] cooling, and building cooling. Recently, some work has also been done to 

explore the use of evaporative cooling systems beyond the conventional human thermal comfort 

applications- such as in water desalination and agricultural storage [8,9]. The research group 

in [8] proposed a technology called the Dew Point Desalination (DPD). DPD, unlike other thermal 

technologies, did not employ thermal power to evaporate water, and instead relied on water 

evaporation as the driving force. The thermal energy required to start the dew point cooling 

process was supplied to the DPD system via air, and the air was transported through the 

subsequent phases using electric energy. The system operated on ambient air, and even if an 

external source of thermal energy was not required to run the DPD system, pre-heating the 

ambient air that entered the system could considerably improve the effectiveness of its 

operation. Evaporative cooling systems were tested across various climates and the findings 

were promising. Research findings conducted in Dublin and Milan, two European cities 

representing lower and higher location ends of the temperate climatic conditions suggested that 

conventional cooling methods could be eliminated and successfully replaced by evaporative 
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cooling methods for year-round cooling in Dublin and non-summer cooling in Milan [10]. The 

accomplishment of a low-temperature difference between the water exiting the cooling tower 

and the ambient WBT is a critical feature of evaporative cooling viability in temperate areas 

(the primary approach temperature, PAT). This is required to maintain a sufficient supply of 

cooling water, especially during the summer when ambient WBTs are high. This is exacerbated 

by the requirement in modern systems to use a heat exchanger to separate the tower water 

circuit from the building cooling circuit. As a result, the temperature difference between the 

water entering the heat exchanger and the ambient WBT becomes the critical design parameter 

(the secondary approach temperature, SAT). The study of meterological data showed that the 

desirable WBT to maintain the required SAT was statistically available for 53.7% of the year 

in Milan and 88% of the year in Dublin (Milan being a southern European city). Experiments 

conducted in scorching weather of Khoozsetan showed a decrease of 16% in power consumption 

and a 55% increase in COP as opposed to conventional air conditioners [11]. Furthermore, 

evaporative-cooling systems will likely have lower running costs and may have a lower 

beginning cost than a comparable mechanical system [12]. 

1.1 Evaporative cooling 

Evaporative cooling (EC) utilizes heat and mass transfer between the ambient air and 

the cooling liquid to achieve its cooling effect. Absorption of latent heat of vaporization 

leads to sensible cooling of the air stream through direct or indirect means. 

 

1.1.1 Direct Evaporative Cooling 

In air handling systems, this is the most prevalent type of evaporative cooling technique. 

Water sprayed into the incoming air stream raises the humidity and lowers the 

temperature. Heat is lost by the air stream as sensible heat and imparted to water as 
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latent heat. The working process is isenthalpic (Figure 1(b)), and the lowest achievable 

temperature is the saturation point, indicated by 2’ in Figure 1(b). 

The advantage of this approach is the simple construction of the equipment. Direct 

evaporative cooling has the drawback of being reliant on the incoming air's supply 

condition to provide adequate cooling. Also, humidification might be unfavorable for 

some specific applications. 

 

 

 

(b) 

Figure 1: Direct evaporative cooler (a)Schematic (b)Psychrometric process [13] 

 

 

 

 

 

 

(a) 
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1.1.2 Indirect Evaporative Cooling 

Indirect evaporative cooling reduces air temperature without introducing moisture to the 

air, making it more appealing than direct evaporative cooling. In an indirect 

evaporative air cooler, primary (product) air flows over the dry side of a heat-

exchanging wall while secondary (working) air goes over the opposite, wet side.  

 

(a) 

 

(b) 

Figure 2: Indirect evaporative cooler (a)Schematic (b)Psychrometric process 

[13] 

 

The heat transmitted across the surface between the dry and wet channels is absorbed 

as latent heat by the water, and a portion of the water is evaporated and incorporated 
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into the secondary air, thereby increasing the moisture content of this air. The primary 

air working process occurs at constant moisture, so long as the temperature does not 

drop below the dew point on this side. 

 

If the secondary air arrives at saturation, the heat absorbed from the primary air is 

divided into latent heat absorbed by the water and sensible heat absorbed by the 

secondary air from this point on. As a result, the secondary air temperature at the outlet 

might be one of the following: 

i. Lower than secondary inlet wet bulb temperature when saturation has not been 

reached (point 4a as seen in Figure 2(b)) 

ii. Equal to secondary inlet wet bulb temperature when saturation has been reached 

at outlet (point 4b as seen in Figure 2(b)) 

iii. Higher than secondary inlet wet bulb when saturation is reached before the outlet. 

(point 4c as seen in Figure 2(b)) 

Since the inside air never interacts with the outside air, the interior atmosphere is less 

likely to be contaminated by external contaminants, making this a suitable technique for 

sensitive situations. The IEC's principal drawback is that the primary air-cooling process 

is constrained by the wet-bulb temperature of the secondary air at the input. 

Consequently, this device is also referred to as the wet-bulb IEC. [13] 

 

1.2 M-cycle IEC 

The Maisotsenko Cycle (M-Cycle), developed by Valeriy S Maisotsenko [14] is a 

thermodynamic system that uses the latent heat of vaporization of water to cool the 

product air stream. Due to its potential for dew-point evaporative cooling [1,15,16,17], 
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the cycle is well-known in the air-conditioning sector [18,19]. However, its use has lately 

been broadened in several energy recovery applications.  

The M Cycle's working principle is to divert cooled air to the wet channel, which is then 

used as working air. It leads to a decrease in the working air's effective dry-bulb and 

wet-bulb temperatures in the wet channel. Warm outside primary air flows via the 

designated dry channels, transferring heat to the wet channels through the heat transfer 

surface. The temperature of the primary air at outlet will be below the wet-bulb 

temperature of the primary (ambient) air at input. The secondary air is the same as the 

outside air and travels via designated dry channels, but it also has several routes into 

the wet channels, where evaporated water is absorbed as moisture through mass 

convection. It may be assumed that the secondary air in each component of the 

equipment is continually increasing its moisture content until it reaches the exit. While it 

allows the product air temperature to approach the ambient air dew-point temperature 

in one mode, it also serves as a humidifying recuperator in another. It may therefore be 

utilized in HVAC and cooling applications as both cooler and humidifier heaters. 

Coolerado Corporation has developed and commercialized several system designs 

based on the M-Cycle idea for diverse cooling and air conditioning applications [20,21]. 

The fundamental benefit of the M-IEC is that it cools primary air without changing the 

moisture content almost to sub wet-bulb temperatures. Some of the associated 

challenges are drawbacks include improvement of water and air distribution through 

the channels, optimizing space to simplify the overall system design, and also optimizing 

the construction costs while maintaining cooling efficiency [53]. 
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1.3  HRV/ERV 

Buildings and their HVAC systems must be energy efficient to meet the growing need 

for improved indoor air quality, performance, and environmental preservation. The 

purpose of HVAC design in buildings is to offer inhabitants good comfort and air quality 

across a wide range of outdoor conditions. For the health of the occupants, adequate 

fresh air supply via ventilation is required. Energy use by the HVAC sector amounts to 

33% of overall energy consumption in most industrialized countries [55]. It is therefore 

critical to recover this energy by using a heat or energy recovery system in building 

applications. 

Heat recovery refers to an air-to-air heat or energy recovery system, which is defined 

as the process of recovering energy (heat/mass) from a high-temperature stream to a 

low-temperature stream that is both effective and economic to operate [56]. A typical 

heat recovery system in a building consists of ducts for incoming fresh air and outgoing 

stale air, a heat exchanger core, which transfers heat or energy from one stream to the 

other, and two blower fans, one of which is used to exhaust stale air and the other to 

supply fresh air via the heat exchanger core. A typical heat recovery system placed in 

a ventilation system is shown in Figure 3. The expelled air pre-heats or pre-cools the 

fresh air stream in the core, which is then supplied to the interior parts of the buildings 

(depending on the season). In the heat exchanger, the outgoing and incoming air travel 

adjacent to one other but do not combine. 
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Figure 3: A heat recovery system [57] 

Various types of heat recovery systems, such as fixed plate, heat pipe, rotary wheel, 

and run-around coil, have been employed to collect energy between supply and exhaust 

airflows throughout the previous few decades. Recently, Gendebien et. al. [58] used 

both numerical models and experimental methodologies, to address the issue of frost 

development in air-to-air heat recovery systems specialized in single room ventilation. 

The creation of a frost coating on the surface of such heat exchangers has been well 

known to cause an increase in thermal resistance and a reduction in flow section, resulting 

in a decrease in overall unit performance. By establishing the position of shifting borders, 

this study provided a three-zone model that included a dry, wet, and frost zone. Each 

zone was treated separately, and the proportional fraction of each zone was governed 

by the temperature of the exchanger wall. Experiments were conducted on a U-flow 

heat exchanger having 30° corrugations in the central part.  Tests conducted under high 

relative humidity air supply conditions demonstrated an evolution that differs from that 

anticipated by the model. This was due to the condensates coming out of the heat 
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exchanger, which disrupted the predicted development of frost. When the wet section 

was smaller, the impact was minimized. 

The energy recovery ventilator (ERV) is one of the green technologies classified by 

ASHRAE that works by recovering or extracting energy from one airstream (the 

regeneration airstream) and transferring it to another (the process airstream). Heat and 

moisture are transferred from the hot/humid side to the membrane surface via 

convection. Membrane heat exchangers are one of the most common types of fixed 

plate ERVs used in HVAC systems today. The membrane is a thin material that can be 

found in a variety of forms, including regular paper, tailored porous materials, and 

polymers [62]. The heat then conducts over the membrane, while moisture diffuses 

through the porous membrane. Finally, convection transfers the heat and moisture that 

are diffused and/or conducted through the membrane to the colder, less humid 

streamside. These processes produce cooler, less humid outside fresh air that is sent to 

the cooling coil without using any more energy. An ERV system's key advantages are 

that it is a static device with no moving components, is easy to build, and can be easily 

retrofitted [59].  

In cold regions, the search for optimal mechanical ventilation of well-insulated residential 

structures must consider the minimal criteria for interior air quality, occupant thermal 

comfort, and heating energy savings [60] which necessitates the need for high energy 

efficient ventilation with heat/energy recovery systems. A significant amount of research 

has been underway in predicting and improving the effectiveness of fixed plate ERVs, 

as well as studying heat and moisture transport mechanisms across their membrane 

surfaces [61]. Nasif et al. conducted both experimental and computational research 

while developing mathematical models to estimate the performance of latent heat 

recovery heat exchangers in traditional air conditioning systems. They used laboratory-
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scale permeability tests to assess membrane moisture transfer resistance [63]. They 

found that utilizing porous papers, which recover both latent and sensible heat, 

saved 78% more energy than using Mylar plastic film, which only recovered sensible 

heat in hot climates. The thermal performance of a counter-cross flow plate heat 

recovery exchanger was examined by Li et al. [64] using two alternative placement 

options (vertical and horizontal). They concluded that the vertical placement method 

outscored the horizontal mode in terms of thermal performance. In recent years, several 

research groups have been working towards addressing the concern of condensation 

and frosting in ERVs. While frost formation requires extremely low temperatures, 

condensation can occur even in mild winter weather conditions. Based on prior 

laboratory-controlled observations, Li et al. [65] presented novel correlation-based 

models of the thermal performance of single-core and dual-core ERV units during normal 

operation and defrost by recirculation operation. In comparison to the case without an 

ERV and the pre-heating defrost, the dual-core ERV lowered heating energy usage and 

provided a constant outside airflow rate in compliance with standards.  

1.4 Recent advances in indirect evaporative cooling 

Numerous reviews of evaporative cooling are available in the literature [13,24-28]. 

However, most reviews concentrated on direct evaporative cooling and its prospective 

uses in thermal management in solar systems, building applications, and motor vehicle 

engines, among others. In recent years, there has been a greater emphasis on IEC 

development. Indirect evaporative cooling has been identified as one of the promising 

alternatives to traditional air conditioning, particularly in the desert and semi-arid 

environments [22,23]. Furthermore, it has begun to be used for fresh air pre-cooling 

under hot and humid climatic circumstances. When compared to vapor-compression air 
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conditioning systems, this technique is much more advantageous because it does not 

utilize compressors or high global warming potential refrigerants. Several studies on the 

indirect evaporative cooler (IEC) have been done over the last few decades to assess 

its viability, improve thermal performance, and expand its application regions. 

Numerous numerical and experimental investigations on in-direct evaporative cooling 

technology have been undertaken during the last few years. 

 

1.4.1 Numerical Work 

Rampazzo et al. [29] developed a First-Principle Data-Driven model for IEC. A Matlab-

based simulation environment was constructed to depict the main aspects of the system, 

such as heat exchanges, and air and water temperatures, and to better comprehend 

changing system responses. They employed a static Moving Boundary (MB) technique 

that segmented the evaporative heat exchanger based on the physical events that 

occurred inside it. They established two models: the NOEVAP model, which defined the 

parts of the heat exchanger where the secondary channels were not wetted by the 

water film, and the EVAP model, which described the parts of the heat exchanger where 

the evaporative process occurred. The parameters of the model were calibrated using 

actual data. In addition, a simulation environment based on Matlab/Simulink was 

created. The advantages of using the simulation environment were twofold: they could 

generate synthetic data related to some fundamental aspects of IEC system thermal 

behavior, as well as understand parameter influence during the process; they could also 

design and test control strategies to efficiently manage the IEC system and evaluate its 

performance using simulations. Pandelidis et al. [30] proposed retrofitting a 

conventional recuperator as a counter-flow IEC. The IEC heat and mass exchanger was 
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followed by a traditional vapor-compression cooler, just like a standard recuperator, in 

the proposed system. The main difference was that the exhaust air channels were wetted 

with water. By simply adding a water distribution system, which includes nozzles, a tank, 

and a pump, the proposed approach could be employed in practically all existing 

recuperators. Using the -NTU-model, it's potential as a heat recovery mechanism in air 

conditioners was studied in a temperate climate. It was demonstrated that the 

redesigned system is far more energy-efficient than the ordinary recuperator. 

Furthermore, when compared to traditional recuperators, the proposed system could 

achieve a significantly larger temperature drop.  

Hao et al. [31] developed a heat current model by introducing a new parameter known 

as the moisture-temperature ratio. This ratio combined humidity and temperature 

differences to depict heat and mass transport simultaneously. The moisture-temperature 

ratio allowed the driving potential of the linked heat and mass transfer processes to be 

assessed and changed as the difference between the hot fluid input temperature and 

the cool wet air inlet wet-bulb temperature. Wang et al. [32] performed a numerical 

analysis of two IECs and revealed that the crossflow regenerative HMX outperforms 

conventional cross-flow HMXs at low supply airflow rates for stand-alone HMXs. As 

shown below in Figure 4, the regeneration process involves removing a portion of the 

primary air from the outlet and using it as secondary air. Because the secondary air has 

already been cooled, the associated WB temperature is lower than the WB 

temperature of ambient secondary air, and the primary air-cooling limit has decreased 

considerably. For high supply airflow rates in multistage evaporators, the traditional 

HMX is preferable during the first stage as a pre-cooler, whereas the R- HMX is 

preferable during the second stage as a re-cooler.  



 19 

 

Figure 4: Working principle of a regenerative IEC equipment [13] 

Guo et al. [33] devised a 2D mathematical model for a plate crossflow IEC considering 

the condensation area ratio. The problem was solved using Matlab and the finite 

difference approach for several states of condensation, such as total condensation, 

partial condensation, and no condensation. 

Interesting work was done by Wan et al. [34]. They proposed a numeric model based 

on energy and mass balance to predict condensation from the primary air. The 

numerical model was confirmed with excellent agreement using computational and 

experimental data from the literature. In the dry channel, precise simulations were run 

to observe and examine the condensation instances, which included non, partial, and full 

condensation in the dry channel. Variable operating circumstances, such as primary and 

secondary air velocity, inlet temperature, humidity ratio, and wettability factor, were 

used to evaluate the IEC system's performance. The findings revealed that operating 

parameters such as humidity ratio, inlet temperature, velocity, and wettability factor 

influenced the three condensation states in the primary air channel. 
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1.4.2 Experimental Work 

Numerous experiments have been conducted in the past years focused on improving 

performance for diverse climates by optimizing geometric parameters and flow 

configurations for various IEC systems. Additionally, substantial research has been 

conducted into the integration of IECs with other cycles. The effect of many performance 

characteristics such as condensation, as well as system configuration, has remained a 

research area of interest. Findings from experimental work on IECs have been discussed 

further below. 

 

Effect of System Configuration 

Several attempts have been made to achieve high dew point and wet bulb 

effectiveness, and cooling capacity while considering the operating conditions and 

design configurations of the indirect evaporative cooling system. The effectiveness can 

be defined as follows: 

𝜀𝑤𝑏 =
𝑇𝑝𝑖𝑛 − 𝑇𝑝𝑜𝑢𝑡
𝑇𝑝𝑖𝑛 − 𝑇𝑤𝑏𝑖𝑛

 

 

(1) 

𝜀𝑑𝑝 =
𝑇𝑝𝑖𝑛 − 𝑇𝑝𝑜𝑢𝑡
𝑇𝑝𝑖𝑛 − 𝑇𝑑𝑝𝑖𝑛

 

 

(2) 

 

Where 𝑇𝑝𝑖𝑛 and 𝑇𝑝𝑜𝑢𝑡 refer to primary side inlet and outlet temperatures respectively, 

𝑇𝑤𝑏𝑖𝑛  and 𝑇𝑑𝑝𝑖𝑛  refer to the wet-bulb and dew-point temperatures at inlet respectively. 

Cross and counter-flow evaporative coolers are the most common design configurations 

studied by research groups.  

Bruno et al. [35] concluded that counterflow indirect evaporative cooler can supply air 

at temperatures equivalent to refrigeration systems with better thermal efficiency. It was 
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shown that the average wet-bulb effectiveness was about 106% for residential and 

124% for commercial applications. The effectiveness exceeding 100% signifies that sub 

wet-bulb cooling conditions were achieved i.e. 𝑇𝑝𝑜𝑢𝑡  was lower than 𝑇𝑤𝑏𝑖𝑛 .  

Riangvilaikul and Kumar [17] developed a novel dew point evaporative cooling system 

for air conditioning applications and conducted experiments to investigate the outlet air 

conditions and system effectiveness at various inlet air conditions (temperature, humidity, 

and velocity) covering dry, temperate, and humid climates. The wet-bulb effectiveness 

ranged between 92 and 114 %, while the dew point effectiveness ranged between 58 

and 84 %. Zhan and Changhong et al. [36] also performed a comparative study on 

dew point evaporative coolers with cross-flow and counter-flow IECs. According to their 

findings, the counter-flow configuration increases dew point efficiency by 15%, wet bulb 

efficiency by 22.5 percent, and cooling capacity by up to 20%. The COP of the cross-

flow design, however, was 10% greater than that of the counter-flow layout. It can be 

deduced that a counter-flow design provides greater cooling effectiveness than a cross-

flow one. However, the counterflow configuration improves system compactness. 

 

Effect of Operating Conditions 

Operating conditions are critical elements for improving performance and effectiveness. 

The primary and secondary air stream temperature, flow rates, humidity ratios, and 

plate wettability constitute the essential operating characteristics [37]. Zhan et al. [40] 

utilized numerical analysis to investigate the effect of these operating parameters on 

cooling effectiveness and cooling capacity. They suggested design conditions for the UK 

environment that have wet bulb and dew point effectiveness of up to 130 % and 90 %, 

respectively. Khalid et al. [38] and Zhan et al. [1] performed experiments for similar 
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inlet conditions where Khalid’s group showed a better effectiveness value for an 

improved cross-flow dew point evaporative cooler. In general, it was observed that a 

higher inlet air temperature and lower inlet humidity ratio results in higher cooling 

effectiveness. Adam et al. [54] studied the effect of plate wettability on the cooling 

process and condensation. Within IEC, a numerical model based on energy and mass 

balance When the wettability factor was reduced to 0.5, condensation was delayed, 

and the amount was reduced to 0.52 g/kg instead of 1.32 g/kg when the factor was 

1. When the factor was dropped from 1 to 0.5, the average temperature at the output 

increased from 20.2 to 23.4 degrees Celsius. 

The effect of feed water temperature on cooling effectiveness was found to be 

negligible [38-42]. The effectiveness increases with an increase in working to intake air 

ratio owing to the increased heat and water absorption capacity of working air. While 

cooling capacity increased with an increase in inlet air velocity, cooling effectiveness 

increased with a decrease in velocity, which resulted in a possible decrease in supply 

air temperature. This is because the contact duration between the air and the moist 

surface increases, increasing evaporation rate. In comparison to cooling capacity, the 

sensitivity of cooling effectiveness to changes in velocity was quite modest. Increased 

cooling capacity could be achieved at the expense of a negligible increase in supply 

air temperature. Additionally, a poorer coefficient of performance resulted when 

pressure drop increased with velocity. As a result, for increased cooler effectiveness and 

coefficient of performance, the inlet air velocity must be low. 
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Effect of Geometry 

There are three key geometric parameters to consider when designing a heat 

exchanger: channel height, length, and shape (square, rectangle, or triangle). In 

evaporative coolers, geometric characteristics have a significant impact on cooling 

performance. The geometry of both, the dry and wet channels affects the hydraulic 

diameter and the surface area, facilitating the heat transfer process. COP and primary 

outlet air temperature increase as the channel height rises, but the cooling effectiveness 

and cooling capacity decrease. However, having a small channel height implies more 

flow resistance, which lowers the energy efficiency. 

Cui et al. [43] investigated the effect of some geometric parameters on the performance 

novel counter-flow closed-loop dew-point evaporative air conditioner by developing a 

computational model. The working channel is arranged in a closed-loop configuration. 

The working air enters the working dry passages first. It is then recirculated to the 

working wet channel and then expelled into the atmosphere at the end of the working 

dry channel. Working air can be pre-cooled before entering the working wet channels 

by using this setup. Because the air near the turning point (Figure 5) has a lower wet-

bulb temperature than the incoming air, it has a significant cooling potential.  

 
Figure 5: Schematic of the evaporative air cooler [43] 

https://www.sciencedirect.com/topics/engineering/counterflow
https://www.sciencedirect.com/topics/engineering/dew-point
https://www.sciencedirect.com/topics/engineering/air-conditioner
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The product air is cooled by losing sensible heat to neighboring working wet channels, 

where the heat is absorbed by vaporizing the water and then supplied to the cooling 

space. To cool air below the wet-bulb temperature and close to the dew-point 

temperature, they suggested the following design conditions: inlet air velocity must be 

less than 1.5 m/s; length of the channel passage must be at least 200 times the height 

of the working channel; product channel height must be less than 10 mm; working channel 

height approximately half that of the product channel height, and product to working 

airflow ratio must be less than 1.5. Anisimov and Pandelidis [44] numerically compared 

rectangle, square, and triangular shapes of the channel. According to their study, if the 

channel heights were kept to a minimum, the triangle forms would be more successful 

than the rectangular ones. Later, Pandelidis et al. [45] investigated the effect of some 

geometrical parameters on the cooling performance of a regenerative HMX. They found 

that regenerative IECs benefit from a triangle-shaped channel. Flat channels, on the 

other hand, maybe a preferable option because triangle fins make it harder to disperse 

water evenly. Most of the works have been done by employing flat channels owing to 

its ease of construction. One interesting work done on triangular channels is by Kim et al 

[46]. By combining cellulose and PET to create a novel humidifying material, they 

devised a regenerative evaporative cooler (R-IEC) with triangular forms for dry and 

wet channels. While PETs gave stiffness to keep corrugation and form, cellulose 

disseminated the absorbed water in paper. Experimentally, they found that IEC units 

with triangular channels were more effective at removing moisture from the air and 

reducing pressure loss. 

Literature suggests that for an optimal cooling performance and effectiveness, the 

dimensionless channel length should be at least 200 [1,36, 42, 43].  
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Effect of Material 

For indirect evaporative cooling systems, the characteristics of the evaporative material, 

such as its evaporation capacity, moisture absorption capacity, and diffusivity, have a 

higher impact on the cooling efficiency and performance of the system. An evaporative 

material layer is required in the IEC's wet channel to uniformly distribute and hold the 

water across the entire surface. As a result, the contact area between the working air 

and the wall will increase, allowing for greater sensible heat exchange between the 

dry and wet channels. An efficient material should have properties such as effective 

heat and mass transfer, low pressure drop, low cost, minimal bacterial development, 

and the ability to be formed in many geometries. Some of the commonly used materials 

are metals, ceramics, carbon, and zeolite. Zhao et al. [40] conducted a comparative 

analysis on all these evaporative materials and determined that the material’s thermal 

properties had relatively little impact on heat and mass transfer efficiencies of 

exchangers. Shape formation/holding ability, durability, compatibility with water-proof 

coating, contamination risk, and cost are more relevant considerations. 

 

 

Hybrid Systems and integration with other cycles 

Single-stage IEC's cooling performance is restricted by climate conditions; hence it was 

not widely employed at first. The IEC system has been integrated with other AC devices 

to accommodate higher cooling loads in buildings. Some of them are discussed below: 
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i. Multistage IEC and DEC: A multi-stage evaporative system combines one 

or two IEC and direct evaporative cooler (DEC) and is commonly used in 

hot and arid climates. According to the findings of Fikri et al. [47], the 

two-stage design can improve saturation efficiency while increasing the 

RH of the exit air and water usage. The greatest temperature decline 

occurred during the first stage when evaporation occurs. 

ii. IEC with inverted Brayton cycle: The inverted Brayton cycle (IBC) may 

effectively recover waste heat even at low source temperatures. IBC is 

being studied as a viable method for recovering heat from exhaust 

gases. A turbine, a heat exchanger, and a compressor are the three basic 

components of the IBC system. First, the exhaust gas is expanded in the 

IBC turbine to a sub-atmospheric pressure. On the one hand, the turbine's 

power is partially used in the compressor's compression task, and on the 

other hand, if the turbine has mechanical energy left over, it can be 

exported via a shaft. The heat exchanger then cools the exhaust gas 

from the turbine, which helps to lower the compressor's energy 

consumption. Finally, the compressor raises the pressure of the exhaust 

gas to that of the environment. This, however, results in low thermal cycle 

efficiency. An inverted Brayton cycle is used with a counter-flow IEC to 

improve performance [48]. This system feeds the pre-conditioned 

working fluid into the compressor's inlet. The proposed system improved 

specific work production by up to 45% regardless of air inlet condition 

or turbine inlet temperature. 

iii. IEC with desiccant wheel: In order to attain comfort conditions in buildings 

with elevated latent loads, an effective and affordable hybrid system 
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consisting of a desiccant wheel integrated with IEC was presented as an 

alternative to conventional (direct expansion) systems [49]. The DW-IEC 

was shown to save 46.8 percent of energy throughout all climate zones, 

significantly more than the old system, and larger energy savings result 

in higher seasonal COPs for the new system. 

iv. IEC with Ground Heat Exchangers: The proposed system [50] was 

composed of three main parts: (1) the Ground Coupled Circuit (GCC), 

(2) the Cooling-Coil Unit (CCU), and (3) the IEC unit. The GCC, which was 

integrated with an IEC system, made up the hybrid cooling system. The 

fluid passed through the GCC and rejected its heat into the ground 

formation. When the circulating fluid left the GCC, it cooled down before 

entering the CCU. The ambient air, on the other hand, entered the CCU 

and transferred heat to the circulating cold water. Subsequently, it 

entered the IEC system, and, after the evaporation process, it cooled 

down and left the IEC system.  Due to the supplemental cooling provided 

by GHE, the primary outlet air of IEC could meet cooling requirements 

and maintain a constant temperature in arid places like Tehran.  

v. IEC with humidification and dehumidification desalination cycle: In arid 

and hot climates, freshwater and cooling are two critical requirements. 

The purge air from IEC was provided to the humidification-

dehumidification desalination (HDH) system to increase water 

productivity, taking full advantage of system integration. To attain the 

temperatures and humidity of the outlet air streams, a pilot IEC unit 

was first constructed and tested [51]. An IEC combined with a 
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humidification-dehumidification desalination cycle could reduce the 

supply air temperature below 25C.  
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OBJECTIVES 
 

This study presents the numerical modeling of a cross-flow indirect evaporative cooling 

system for sensible cooling of air under different operating indoor and outdoor air 

conditions (temperature, humidity ratio and airflow rates) and the effects of other influential 

parameters (geometric parameters such as channel dimensions, airflow rates, the thermal 

conductivity of the separating plate). A simulation model has been developed for the heat 

and mass transfer. Experimental data validates the model's predictions for product air outlet 

conditions and system effectiveness. The validated model may hence be used to optimize 

and study system effectiveness under varied input air conditions. 
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METHODOLOGY 
 

3.1 Equipment Description 

The tested heat and mass exchanger (HMX) was developed by Seeley International. The 

HMX is a modular heat exchanger constructed of polyethylene injected with biocide and 

capable of providing supply airflow rates of up to 0.12 m3/s (260 CFM).  

The system is comprised of an outdoor air intake and fan, an indoor air intake and fan, two 

air filters, an HMX section, condensate baffles, an exhaust air outlet, and a supply air input. 

Figure 6 depicts the flow paths of the return and supply air within the system. The system is 

divided into two distinct airflow routes. One enters the system as outside air through the fan, 

to be delivered to the cooling space, and the other, returns from the occupied space and 

exhausted as warmer exhaust air.  

 The HMX section consists of 5 cores, where one core is represented in Figure 6 and further 

explained in Figure 7. There are 42 pairs of channels in each core. Each pair of channel 

refers to a set of primary channel carrying product air on top and secondary air carrying 

working air on the bottom. Outside air is first routed via the HMX section's primary channels 

before being delivered to the cooling space. The air routed through this channel is hence 

also referred to as product air. Second, return air passes through the HMX section's 

secondary channels before leaving as exhaust air, also referred to as working air. The 

channels are symmetrically arranged about a central water trough that supplies water to 

the wet channels when the device needs to be operated for ERV mode. Each set of these 

channels on either side of the trough constitutes a section. 
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Figure 6:Coolerado HRV/ERV schematic (sketch provided by Seeley) with zoomed-in 

view of single-core in the HMX section [66] 

 

The unit cell depiction of the HMX is shown in Figure 7.  The unit cell is a portion of the HMX 

core that has been sliced vertically and then horizontally to isolate a single row. The shaded 

portion of both the parts depicted in Figure 7 correspond to the dry channel and represent 

one half of the core. Additionally, each airstream's three return, five supply, and twenty 

exhaust air channels are combined into a single channel. These channels have been 

illustrated as seen from the top, further below in Figure 10. The primary and secondary air 

exchange heat over two surfaces (1,2) in this depiction. 
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Figure 7: Unit cell representation of HMX (Sketch provided by Seeley)  

 

Figure 8 illustrates the airflow pathways of the outdoor-to-supply (product) air and return-

to-exhaust (working) air, as well as the wet and dry channels, in the HMX section. The return 

air (point 2 in the exploded view) flows parallel to the supply air (4 in the exploded view) 

before entering the wet channels via a series of successive holes along the channel's length. 

The return air is oriented in a crossflow direction relative to the supply air and travels via 

the wet channels. The supply air passes directly through the HMX and exchanges heat 

with the return air. 

 

Figure 8:Exploded view of the HMX [66] 
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3.2 Test Matrix 

Acknowledgement of contributions – The experimental design and plan was developed by 

WCEC R&D engineers Subhrajit Chakraborty and David Vernon. Subhrajit Chakraborty also 

lead and supervised the experimental campaign while being assisted by R&D engineer Robert 

McMurry. 

Tests were performed for various outdoor and indoor conditions but only those with no occurrence 

of condensation were considered for the purpose of our analysis. Results from those have been 

used for the purpose of validation and hence details of instruments and their locations are not 

discussed here. 

    
Table 1: Experimental test points 

Primary/ Product/ Outdoor Air Secondary/ Working/ Indoor Air 

Air Flow 

Rate(m3/s) 

Inlet 
Temp. 

(°C) 
 

Inlet Humidity 

ratio 

Air Flow 

Rate(m3/s) 

Inlet 
Temp. 

(°C) 
 

Inlet Humidity 

ratio 

0.556 27.46 0.0110 0.455 23.74 0.0078 

0.593 27.41 0.0109 0.494 24.48 0.0120 

0.610 35.39 0.0166 0.487 25.65 0.0123 

0.420 26.48 0.0109 0.337 24.96 0.0079 

0.410 26.98 0.0110 0.340 24.17 0.0095 

0.410 27.01 0.0111 0.342 24.26 0.0102 

0.356 34.85 0.0153 0.302 25.01 0.0108 
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Table 2: Test matrix for parametric analysis 

Parameters 

Baseline 

Value Range 

Primary Air flow rate (m3/s) 0.5 [0.3,0.6] 

Secondary Air flow rate (m3/s) 0.5 [0.3,0.6] 

Primary Height (m) 0.003 [0.001,0.01] 

Primary Length (m) 0.508 [0.05,0.5] 

Secondary Height (m) 0.002 [0.002,0.01] 

Primary Channels/ (Secondary 

Length) 20 [2,20] 

Plate Conductivity (W/m-K) 0.25 [0.1,100] 

Delta Plate (m) 0.0004 [0.00025, 0.00127] 

 Subsequent details on the validation and parametric analysis have been further discussed 

in section 4. 

 
3.3 Governing Equations 

A unit cell was selected for performing the heat and mass transfer analysis considering half 

heights each of the primary and secondary side about the separation plate wall. Suitable 

boundary conditions were chosen to set up the temperature and humidity distributions across 

the channels and energy balance was performed on each of these elements. The following 

assumptions were made: 

• Heat and mass exchange process for the model is at steady state, 

• Air is regarded as an incompressible fluid, 

• There is no heat transferred to the surroundings, the system is adiabatic, 
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• There is no temperature gradient across the plate separating the dry and wet 

channels and thus the elemental wall temperature is uniform. Literature reviewed 

showed that due to the plate wall's thin thickness, the thermal conductivity has 

minimal effect on the magnitude of the heat and mass transfer rates. 

• The channel separators within the primary and secondary section are modelled as 

fins 

 

For the segmental modeling, the domain considered was one set of rows of primary and 

secondary side and modeled as a cross-flow heat exchanger as shown in Figure 9. This 

includes 5 channels of the product/primary air, 3 channels of the working/ secondary air 

on the top and 20 channels of secondary air on the bottom.  

 

 

(a) 
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(b) 

Figure 9: Segment for dry-wet numerical analysis (a) Control volume as a part of 

the unit cell inset (b)Flow parameters entering and leaving control volume 

 

Air in the secondary channels on the top passes through the holes and is distributed to the 

20 channels on the bottom. This domain is divided into segments of 6 by 20 as depicted in 

Figure 10. By incorporating mass and energy conservation concepts for the control volume 

in Figure 9 (b) and domain shown in Figure 10, the heat and mass transfer within an IEC 

may be calculated as per equations mentioned in Section 3.3.2 . 
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Figure 10: Air flow distribution in the channels for one half core (top view)  
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3.3.1 Model Inputs 

Table 3: Geometric parameters of the IEC 

Parameter Value/Unit 

𝑁𝑐𝑜𝑟𝑒  5 

𝑁𝑟𝑜𝑤𝑠  42 

𝑁𝑠𝑒𝑐𝑡𝑖𝑜𝑛𝑠 2 

𝑁𝑐ℎ𝑝ℎ𝑎𝑙𝑓𝑟𝑜𝑤
 5 

𝑁𝑐ℎ𝑠𝑡𝑜𝑝ℎ𝑎𝑙𝑓𝑟𝑜𝑤
 3 

𝑁𝑐ℎ𝑠𝑏𝑜𝑡𝑡𝑜𝑚ℎ𝑎𝑙𝑓𝑟𝑜𝑤
 20 

𝑀 6 

𝑁 20 

𝐻𝑝 0.003 (m) 

𝐻𝑠 0.002 (m) 

𝑊𝑝 0.022 (m) 

𝑊𝑠 0.022 (m) 

𝐿 0.508 (m) 

𝑑0 0.005 (m) 

𝛿𝑓𝑖𝑏𝑒𝑟  0.0004 (m) 

𝛿𝑝𝑙𝑎𝑡𝑒 0.0004 (m) 

ℎ𝑓𝑝
 0.0015 (m) 

ℎ𝑓𝑠
 0.001 (m) 

𝑤𝑓 0.003 (m) 

𝑙𝑓𝑝
 0.5 (m) 

𝑙𝑓𝑠
 0.13 (m) 

𝑓 0.5 

𝑅𝑒𝑙𝑅𝑜𝑢𝑔ℎ𝑝 0.005 

𝑅𝑒𝑙𝑅𝑜𝑢𝑔ℎ𝑠 0.01 

 

Table 4: Flow inputs to the model 

Parameter Value/Unit 

𝑘𝑓𝑖𝑏𝑒𝑟  0.17 (W/m-K) 

𝑘𝑝𝑙𝑎𝑡𝑒  0.25 (W/m-K) 
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𝑉̇𝑝𝑡𝑜𝑡𝑎𝑙 
0.47 (m3/s) 

𝑉̇𝑠𝑡𝑜𝑡𝑎𝑙 
0.47 (m3/s) 

𝑇𝑖𝑛𝑝 308.2 (K) 

𝑇𝑖𝑛𝑠 297 (K) 

𝜔𝑖𝑛𝑝 0.017 

𝜔𝑖𝑛𝑠 0.009 

 

𝜔 refers to the humidity ratio defined as mass of water vapor per unit mass of dry air.  

3.3.2 Equations  

To perform the heat transfer calculation, an energy and mass balance approach 

was used to calculate the outlet temperatures and humidity ratio. Energy balances 

were performed for both the primary and secondary channels while mass balance 

for performed only for the secondary (wet) channel since there are no humidity 

changes in the primary (dry) channel. The same set of equations were used to model 

the entrance section of the secondary channel- the top channel. The major change 

was in the surface area since this channel had holes on its separation plate for air 

to be redirected to channels at the bottom. Due to arrangement of the holes, the 

area was divided into two halves with ten holes is each of these. 

 

The mass balance equation is given by 

𝑚𝑠𝑏𝑜𝑡𝑡𝑜𝑚𝑐ℎ̇

2
 (𝑚𝑓𝑠𝑜𝑢𝑡

− 𝑚𝑓𝑠𝑖𝑛
) =  𝑔𝑚𝑤𝑎𝑡𝑒𝑟 ∗ 

(𝑚𝑓𝑤𝑎𝑙𝑙 −  𝑚𝑓𝑎𝑣𝑔
) ∗ 𝐴𝑢𝑛𝑓𝑖𝑛𝑛𝑒𝑑𝑠

 

 

(3) 
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𝑜𝑢𝑡 and 𝑖𝑛 represent the exit and entrance of each sub-section used for calculation. 

𝑎𝑣𝑔 denotes the average of the indicated parameter at the exit and entrance such 

that 

𝑚𝑓𝑎𝑣𝑔
=
(𝑚𝑓𝑠𝑜𝑢𝑡

+𝑚𝑓𝑠𝑖𝑛
)

2
  

 

 

 

(4) 

𝑚𝑓𝑠  represents the secondary channel air stream given by 

𝑚𝑓𝑠 =
𝜔𝑠

𝜔𝑠 + 1
 

 

 

 

(5) 

                        The mass fraction at wall is given as  

𝑚𝑓𝑤𝑎𝑙𝑙 =
𝑥𝑓𝑤𝑎𝑙𝑙 ∗ 𝑀

𝑥𝑓𝑤𝑎𝑙𝑙𝑀𝑤𝑎𝑡𝑒𝑟 + (1 − 𝑥𝑓𝑤𝑎𝑙𝑙)𝑀𝑎𝑖𝑟
 

 

 

 

(6) 

 

where 𝑥𝑓𝑤𝑎𝑙𝑙
 is the mole fraction calculated using Dalton’s law of partial pressures 

computed as 

𝑥𝑓𝑤𝑎𝑙𝑙
=
𝑃𝑠𝑎𝑡
𝑃𝑎𝑡𝑚

  

 

 

 

(1) 

𝑃𝑠𝑎𝑡 is the saturation pressure while 𝑃𝑎𝑡𝑚 is the atmospheric pressure at the wall 

temperature. 

 𝑀 and 𝑀𝑎𝑖𝑟 are the molar masses of air and water respectively.  

The mass transfer conductance was calculated using the following equation 

𝑔𝑚𝑤𝑎𝑡𝑒𝑟 =
𝜌𝑠 ∗ 𝜈𝑠 ∗ 𝑆ℎ

𝑆𝑐 ∗ 2𝐻𝑠
 

(8) 

where Sh and Sc are the Sherwood and Schmidt number respectively. The Sherwood 

number was assumed to be equal to the Nusselt number, calculated using EES’s inbuilt 

function while Schmidt number was calculated using the following equation 
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𝑆𝑐 =
𝜈𝑠

𝑑𝑤𝑎𝑡𝑒𝑟−𝑎𝑖𝑟
 

(9) 

where 𝑑𝑤𝑎𝑡𝑒𝑟−𝑎𝑖𝑟 is the diffusion coefficient of water in air.  

The participating area will not involve the channel separators modeled as fins, and 

hence the un-finned area has been used for the purpose of this calculation.  

 

The general energy balance can be defined as follows 

𝑄𝑝 = 𝑄𝑙 +𝑄𝑠  (10) 

                   

(10) 

𝑄𝑝 , 𝑄𝑙  and 𝑄𝑠 denote the primary side, latent and secondary side heat transferred 

respectively. 

The energy balance in the primary air stream can be defined using the equation 

below 

𝑄𝑝 =
1

𝑅𝑡𝑜𝑡𝑎𝑙
∗ (𝑇𝑝𝑎𝑣𝑔

− 𝑇𝑤𝑎𝑙𝑙) 

 

(11) 

and further 

𝑄𝑝 =
𝑚̇𝑖𝑛𝑝𝑐ℎ
2

∗ (ℎ𝑝𝑖𝑛 − ℎ𝑝𝑜𝑢𝑡) 

 

(12) 

𝑅𝑡𝑜𝑡𝑎𝑙 is the total thermal resistance entailing the conductive resistance offered to 

heat transfer by the plate, water layer and wicking fibers along with convective 

resistance due to the air in the channels. The 𝑖𝑛 and 𝑜𝑢𝑡 represents the entry and 

exit of the computational domain/ the subsection. The conductivities were obtained 

using the thermophysical property routine inbuilt in EES.   

On similar lines, the energy balance in the secondary channel be outlined as follows 

𝑄𝑠 =
ℎ𝑡𝑐𝑠
2
∗ (𝑇𝑤𝑎𝑙𝑙 − 𝑇𝑠𝑎𝑣𝑔) ∗ 𝐴𝑡𝑜𝑡𝑎𝑙𝑠 

 

(13) 
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ℎ𝑡𝑐𝑠 is the heat transfer coefficient calculated from EES’s inbuilt function. 𝐴𝑡𝑜𝑡𝑎𝑙𝑠  is 

the total heat transfer area on the secondary side taking into account the fin 

efficiency and can be expressed as 

𝐴𝑡𝑜𝑡𝑎𝑙𝑠 = (𝐴𝑓𝑖𝑛𝑛𝑒𝑑𝑠 ∗ 𝜂𝑓𝑠) + 𝐴𝑢𝑛𝑓𝑖𝑛𝑛𝑒𝑑𝑠 

 

(14) 

  

The latent heat can be calculated by multiplying the total amount of water 

evaporated into the secondary air stream by the vaporization enthalpy, as shown in 

the equation below. 

𝑄𝑙 =  𝑔𝑚𝑤 ∗ (𝑚𝑓𝑤𝑎𝑙𝑙 −  𝑚𝑓𝑎𝑣𝑔
) ∗ Δℎ𝑣𝑎𝑝 ∗ 𝐴𝑢𝑛𝑓𝑖𝑛𝑛𝑒𝑑𝑠

 

 

(15) 

The change in enthalpy of the secondary air stream will be equal to the total heat 

transferred from the primary side i.e. 

𝑄𝑝 =
𝑚̇𝑠𝑏𝑜𝑡𝑡𝑜𝑚𝑐ℎ

2
∗ (ℎ𝑠𝑜𝑢𝑡 − ℎ𝑠𝑖𝑛) 

 

(16) 

Equations (13), (15) and (16) can then be plugged back into equation (10) to 

complete the energy balance.  

By solving these equations, the outlet temperatures and humidity ratios were 

obtained at the end of each subsection. These were then averaged out for the 

effectiveness calculations, namely dewpoint and wet-bulb effectiveness. 
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RESULTS AND DISCUSSION 
 
4.1 Model Validation with Experimental data 

The outlet air conditions have a considerable impact on the comfort of a cooling space. The 

performance of an evaporative cooling system, i.e., wet bulb and dew point effectiveness, 

is primarily determined by the exit air temperature (product air) and the incoming air 

condition, as represented by equations (1) and (2). The higher the wet bulb and dew point 

effectiveness, the closer the outlet air temperature approaches the intake air's wet bulb and 

dew point temperature. 

The humidity ratio of the product outlet air was not altered. Figures 11, 12, 13 depict a 

comparison of numerical and experimental data for the primary and secondary outlet air 

temperatures as well as the secondary air outlet humidity ratios.  

 

Figure 11:Comparison of model results with experimental data for Primary Outlet 

Temperature 
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Figure 12: Comparison of model results with experimental data for Secondary 

Outlet Temperature 

      

 

Figure 13: Comparison of model results with experimental data for Secondary 

Humidity Ratio 

     

The numerical model results align well with the experimental data. Comparisons were made 

only for cases where there was no condensation. The data plots show that that the model 

can estimate the outlet air temperature to within 5% of the actual value. The calculated 

mean average errors MAE was 0.78C in case of primary outlet temperature, 1.22C in 

case of secondary outlet temperature and 0.0007 in case of the secondary outlet humidity 

ratios, confirming that the model fit the experimental data reasonably well.  In practice, the 
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velocity, temperature, etc. are not uniform across the channel gap as specified in the 

modeling assumptions. The recorded temperatures at the channel's inlet and exit are 

average values applied to validate the model. According to the findings of earlier research 

[17,52], the error between projected values and experimental data ranges from 2 to 10%, 

which is similar to the findings of this study for outlet air temperatures and humidity ratios.  

To have a better understanding of the data and to determine whether the temperature 

averaging influenced the accuracy, a validation of core 5 was also performed. The 

simulated results were compared to temperature readings obtained from RTDs (Resistance 

Temperature Detector) installed at the primary and secondary exits of core no. 5. Three 

RTDs were used on the primary side - R1, R2, and R3, across five channels, while four RTDs 

were used on the secondary side - R1 through R4, across twenty channels. As a result, the 

primary side validation was significantly more accurate than the secondary side validation, 

owing to the model's secondary channel temperatures being averaged and compared to 

experimental values. Results are presented in Figures 14 and 15. Maximum deviation in 

model predictions of secondary side outlet temperature and humidity ratio was noted for 

higher CFM values of primary and secondary side. For both- the temperature and humidity 

ratio, the model slightly underpredicted the values. A possible reason could be that the 

sensors to number of channel ratio was higher for primary side as compared to secondary, 

hence the disparity. However, for the case of lower CFM on both sides, the deviation was 

found to be largest in the primary outlet temperature. 
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Figure 14: Model vs experimental data validation for core 5 for primary side.  

The indices in the caption of each plot represents the position where model results were evaluated 

as per numbering scheme shown in Fig 5. 
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Figure 15: Model vs experimental data validation for core 5 for secondary side. 

The indices in the caption of each plot represents the position where model results were 

evaluated as per numbering scheme shown in Fig 5. The range indicated by the second index 

represent the range of sectional channels across which the outlet temperatures were 

averaged. 

 
4.2 Parametric Study 

Understanding the effect of various parameters on cooling performance is critical for 

improving the heat transfer characteristics of IECs. The following section investigates the 

impact of some of the factors using the validated model. The parameter under study has 

been varied while keeping the rest at their baseline values as listed in Table 2. The 

performance metrics of the study are the product air outlet temperature, heat transferred, 

dew-point effectiveness, and wet-bulb effectiveness. The heat transferred in one channel of 

primary side is given by 
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𝑄𝑝 = 𝑚̇𝑖𝑛𝑝𝑐ℎ
∗ 𝑐𝑝𝑖𝑛𝑝

∗ (𝑇𝑖𝑛𝑝 − 𝑇𝑜𝑝𝑎𝑣𝑔
) 

 

(17) 

 
4.2.1   Primary air flow rate 

For this study, the volumetric flow rate of the primary/outdoor side was varied 

from 0.3 to 0.65 m3/s for a baseline value of 0.5 m3/s on the secondary side. 

An increase in the product (primary) air flow rate resulted in decrease in the 

dew-point and wet-bulb effectiveness of the system (Figure 16). This can be 

attributed to the decrease in the residence time in primary passage for heat to 

be exchanged with the wet channels. However, the heat transferred increased 

due to increased primary side mass flow rate of air overcoming the effect of 

higher outlet temperatures.  

 

 
(a) 
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Figure 16: Effect of Primary airflow rate 

 

 

4.2.2   Secondary air flow rate 

Similar to the previous case, the volumetric flow rate of the secondary/outdoor 

side was varied from 0.3 to 0.65 m3/s for a baseline value of 0.5 m3/s on the 

primary side. In contrast, it was found that for the secondary side (Figure 17), 

the effectiveness was directly proportional to the air flow rate. This can be 

explained by increasing the air mass flow rate, which improves evaporative 
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cooling on the secondary side, resulting in a reduction in the product air outlet 

temperature. 

 

 

 

 

 

(a) 

(b) 
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Figure 17: Effect of Secondary air flow rate 

 

An increase in the heat transferred was also noted as a result of lower product 

air temperature at a fixed primary side air flow rate (Figure 17(c)).  

 

4.2.3   Primary channel length 

The primary side channel length was varied from 0.25m to 1.27m, maintaining 

a constant value of secondary channel length. It was seen that the dewpoint and 

wet-bulb effectiveness both increased owing to a longer residence time. Sub 

wet-bulb temperatures were achieved beyond 0.9m and consequently, wet-bulb 

effectiveness exceeded 1 (Figure 18(b)). There was a significant increase in heat 

transfer beyond 0.5 m (Figure 18(c)). However, the pressure drop also increases 

linearly and hence, the channel length needs to be limited based on the pressure 

drop constraints (Figure 18 (d)).  
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Figure 18: Effect of Primary channel length 

 

 

 

4.2.4   Secondary channel length 

The model defines the length of secondary channels as a function of the number 

of primary channel passages. The number of primary channels were varied from 

2 to 20 corresponding to a secondary channel length of 0.05m to 0.5m. Although 

a similar increase in effectiveness trend was seen (Figure 19), there was one 

noteworthy observation. The initial growth was steeper than the subsequent 

readings, which gradually achieved a constant value. This can be explained by 

examining the product air temperature plot, which hits a minimum value after 

which there is a steady descent. This is because as the channel length rises, the 

working air in the secondary channel approaches saturation, and evaporative 

cooling may no longer be efficient, resulting in a stagnant product air 

temperature. This is also supported by decreasing working air humidity ratio 

values (Figure 19 (c)), as opposed to the values obtained by increasing primary 

(d) 
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side channel length. Similar to the other trends, the heat transferred increased 

initially and became steady beyond 0.25 m . 
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Figure 19: Effect of secondary channel length 

 

4.2.5   Primary channel height 

It was found that increase in primary channel height from 0.001 to 0.014m 

corresponding to secondary channel height of 0.002m resulted in a decrease in 

the dewpoint and wet-bulb effectiveness values as seen in Figures 20. Increasing 

the height resulted in a smaller pressure drop, consequently lower velocity and 

hence lesser heat transfer.  
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Figure 20: Effect of Primary channel height 

 

 

4.2.6   Secondary channel height 

 It was found that increase in secondary channel height from 0.002 to 0.01m 

corresponding to primary channel height of 0.003m resulted in a decrease in 

the dewpoint and wet-bulb effectiveness values in addition to the heat 

transferred as seen in Figures 21. The explanation in the previous section holds 

true for the effect of secondary channel height.  

 

(d) 

(a) 
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Figure 21: Effect of Secondary channel height 
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Smaller channel height, however, would result in higher flow resistance, which would necessitate more 

pumping power and, eventually, a loss of energy efficiency. This can be confirmed by the pressure drop 

which drastically increases approximately below 0.004 m (Figures 20(d) and 21(d)). Hence, there needs to 

be a trade-off between these two constraints.  

 

 

 
4.2.7   Plate thickness 

As the separation plate thickness is increased from 0.00025m to 0.00127m, the 

conduction resistance increases resulting in higher product air temperature and 

consequently lower effectiveness. Although, the effect of varying plate thickness 

is not very pronounced as seen from the simulation results in Figure 22.  



 60 

  

 

Figure 22 :Effect of plate thickness 

 

4.2.8   Plate conductivity 

As discussed in section 1.4.2, it was validated that the thermal conductivity of 

the material had a negligible effect on the system performance (Figure 23).  The 

conductivity was varied from 0.1 W/m-K with smaller intervals up to 5 W/m-K 

followed by larger intervals up to 100 W/m-K. The baseline value considered 

for rest of the study was set to 0.25W/m-K. An evaporative material layer that 

can evenly distribute and hold water across the entire region is required in the 

IEC's wet channel. This increases the contact area between the working air and 
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the wall, allowing for a more perceptible heat exchange between the dry and 

wet channels. An efficient material should have properties such as good heat 

and mass transmission, low pressure-drop, low cost, resistance to bacteria 

development, and the ability to be formed in myriad geometries. 

 

 

Figure 23: Effect of plate conductivity 
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opposite trend- it increased with an increase in air flow rate. An optimum range would be 

between 0.45-0.5 m3/s with reasonably good dew-point and wet-bulb effectiveness and 

heat transferred.  

The secondary air flow rate did not significantly impact the performance parameters. 

While the performance parameters improved drastically with increasing channel lengths on 

primary side, the pressure drop also increased linearly. In case of secondary channel length, 

the performance metrics improved initially and reached a stagnation at longer channel 

lengths although in case too, there was a linear increase in pressure drop. The recommended 

channel lengths would thus be between 0.4- 0.6 m on the primary side and between 0.15-

0.25 m on the secondary side. Since secondary channel length has been defined as function 

of number of primary channels, this would correspond to primary channels between 5 and 

10 on the primary side (in half core).  

Increasing the channel heights on both sides deteriorated the performance metrics. However, 

a smaller height necessitated higher pumping power – there was a steep increase below 

0.003 m on primary side and 0.004 m on secondary side. These values would be optimum 

to achieve a good performance while also saving up on the pumping power.  
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CONCLUSION AND SCOPE FOR FUTURE WORK 
 

Based on heat and mass transfer principles, a numerical model of an indirect evaporative cooling 

system was developed. The system's performance was projected using the model's known inlet 

parameters. For varied inlet air conditions, the modeling results were compared to the experimental 

data. Within a 10% variance in the outlet air temperature, there was good agreement and trend 

between simulation and experimental results. The mean average errors (MAE) reduced for the 

primary outlet temperatures, secondary outlet temperatures and humidity ratios were 0.78 C, 

1.22C and 0.0007 respectively. 

Furthermore, a parametric study was conducted to determine the effect of several parameters on 

cooling performance, namely the product air outlet temperature, wet-bulb effectiveness, and dew-

point effectiveness. The parameters under consideration were namely airflow rate, channel length, 

height, plate thickness and plate conductivity. Some of the observations consistent with reviewed 

literature are: 

• The product air intake velocity must be small for a higher cooling effectiveness. 

• Optimum channel height should be around 5 mm on both sides.  

• Longer channel length on the product side gives better cooling performance. The trade-off 

with pressure drop needs to be accounted for while increasing channel length. 

• The contribution of plate thermal conductivity is negligible to the system cooling 

performance. 

 

For simplification of computation within the time frame, only test cases without condensation on 

the primary side were considered for the sake of modeling and verification. It would be 
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worthwhile to assess the cases with condensation and develop a model that accounts for the 

same.  
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NOMENCLATURE 
 

𝐴𝑓𝑖𝑛𝑛𝑒𝑑        = Finned heat transfer area (m2) 

𝐴𝑢𝑛𝑓𝑖𝑛𝑛𝑒𝑑      = Un-finned heat transfer area (m2) 

𝐴𝑝𝑙𝑎𝑡𝑒           = Area of separation plate between dry and wet channels (m2) 

𝐴𝑐                 = Area of cross section (m2) 

𝐴𝑡𝑜𝑡𝑎𝑙  
 

= Total heat transfer area (m2) 

𝑐𝑝 

 

= Specific heat (J/kg-K) 

𝑑0 
 

= Hole diameter on separation plate (m) 

𝑑𝑤𝑎𝑡𝑒𝑟−𝑎𝑖𝑟 
 

= Diffusion coefficient of water in air (m2/s) 

𝑓 

 

= Fractional fiber ratio (fraction of wet surface covered by wicking fiber) 

𝑔𝑚 

 

= Mass Transfer Conductance (kg/m2-s) 

ℎ 

 

= Specific Enthalpy (J/kg) 

ℎ𝑓 

 

= Fin height (m) 

ℎ𝑣𝑎𝑝 

 

= Enthalpy of vaporization (J/kg) 

ℎ𝑡𝑐 

 

= Heat transfer coefficient (W/m2-K) 

𝐻 

 

= Height of the channel (m) 

𝑖 

 

= Counting index along x-direction 

𝑗 
 

= Counting index along y-direction 

𝑘 

 

= Thermal conductivity (W/m-K) 

𝑙𝑓 

 

= Fin length (m) 

𝐿 

 

= Length of channel (m) 
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𝑀𝑎𝑖𝑟 
 

= Molar mass of air (kg/kmol) 

𝑚𝑓 

 

= Mass fraction  

𝑀𝑤𝑎𝑡𝑒𝑟  
 

= Molar mass of water (kg/kmol) 

𝑚̇ 

 

= Mass flow rate (kg/s) 

𝑀 

 

= Number of sub-divisions on primary side 

𝑁 

 

= Number of sub-divisions on secondary side 

𝑁𝑐ℎ 

 

= Number of channels 

𝑁𝑐𝑜𝑟𝑒 
 

= Number of cores in the HMX 

𝑁𝑟𝑜𝑤𝑠 
 

= Number of rows in a core 

𝑁𝑠𝑒𝑐𝑡𝑖𝑜𝑛𝑠 
 

= Number of sections in a core  

𝑁𝑢𝑠𝑠𝑒𝑙𝑡 
 

= Nusselt number  

𝑝𝑒 
 

= Perimeter (m) 

𝑃 

 

= Pressure (Pa) 

𝑄 

 

= Heat transferred (W) 

𝑅 

 

= Resistance (K/W) 

𝑅𝑒 
 

= Reynold’s number 

𝑅𝑒𝑙𝑅𝑜𝑢𝑔ℎ 

 

= Relative roughness of channel 

𝑆𝑐 
 

= Schmidt number 

𝑆ℎ 

 

= Sherwood number 

𝑇 

 

= Temperature (K) 
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𝑣 

 

= Velocity (m/s) 

𝑉̇ 

 

= Volume flow rate (m3/s) 

𝑤𝑓 

 

= Fin width (m) 

𝑊 

 

= Width of channel (m) 

𝑥𝑓 

 

= Mole fraction 

 
Greek Symbols 

𝛿 

 

= Thickness (m) 

𝜀 
 

= Effectiveness 

𝜂 

 

= Efficiency 

𝜈 

 

= Kinematic viscosity (m2/s) 

𝜌 

 

= Density (kg/m3) 

𝜔 

 

= Humidity ratio 

 

Subscripts 

 

𝑎𝑡𝑚  
 

= Attributed to atmospheric condition 

𝑎𝑣𝑔 

 

= Average 

𝑏𝑜𝑡𝑡𝑜𝑚 

 

= Attributed to bottom (secondary) channel 

𝑐𝑜𝑛𝑑  
 

= Attributed to conduction heat transfer 

𝑐ℎ 

 

= Attributed to a channel 
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𝑑𝑝 

 

= Dewpoint 

𝑓 

 

= Attributed to fin 

𝑓𝑖𝑏𝑒𝑟 
 

= Attributed to fiber 

𝑓𝑖𝑟𝑠𝑡ℎ𝑎𝑙𝑓 

 

= Attributed to first half (containing10 holes) of channel 1 on top 

ℎ𝑎𝑙𝑓𝑐𝑜𝑟𝑒 
 

= Attributed to one half of the core/ one section 

𝑖𝑛 

 

= Calculated at inlet 

𝑙 

 

= Latent 

𝑚𝑖𝑛 

 

= Minimum value 

𝑜/𝑜𝑢𝑡 
 

= Calculated at outlet 

𝑝 

 

= Attributed to primary side 

𝑝𝑙𝑎𝑡𝑒 
 

= Attributed to separation plate 

𝑠 

 

= Attributed to secondary side 

𝑠𝑎𝑡  
 

= Attributed to saturation condition 

𝑠𝑒𝑐𝑜𝑛𝑑ℎ𝑎𝑙𝑓 

 

= Attributed to second half (containing10 holes) of channel 1 on top 

𝑡𝑜𝑝 

 

= Attributed to first channel on top with holes 

𝑡𝑜𝑡𝑎𝑙 
 

= Total 

𝑤𝑎𝑙𝑙  

 

= Calculated at wall 

𝑤𝑎𝑡𝑒𝑟 
 

= Attributed to water 

𝑤𝑏 

 

= Wet-bulb  
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Acronyms 
 

CCU = Cooling Coil Unit 

COP = Coefficient Of Performance 

DEC = Direct Evaporative cooler 

DPD = Dew Point Desalination 

EC = Evaporative Cooling 

EES = Engineering Equation Solver 

ERV = Energy Recovery Ventilator 

GCC = Ground Coupled Circuit 

GWP = Global Warming Potential 

HDH = Humidification- Dehumidification 

HMX = Heat and Mass Exchanger 

HVAC = Heating, Ventilation and Air-Conditioning 

IEC = Indirect Evaporative Cooler 

MAE = Mean Average Error 

PAT = Primary Approach Temperature 

SAT = Secondary Approach Temperature 

WBT = Wet-Bulb Temperature 
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APPENDIX  
 
Detailed list of equations 

A. Primary Channel Inputs 

𝑁𝑐ℎ𝑝𝑐𝑜𝑟𝑒
= 𝑁𝑟𝑜𝑤𝑠 ∗ 𝑁𝑐ℎ𝑝ℎ𝑎𝑙𝑓𝑟𝑜𝑤

∗ 𝑁𝑠𝑒𝑐𝑡𝑖𝑜𝑛𝑠 

𝑁𝑐ℎ𝑡𝑜𝑝𝑐𝑜𝑟𝑒
= 𝑁𝑟𝑜𝑤𝑠 ∗ 𝑁𝑠𝑒𝑐𝑡𝑖𝑜𝑛𝑠 

𝑁𝑝𝑡𝑜𝑡𝑎𝑙 = 𝑁𝑐𝑜𝑟𝑒 ∗ 𝑁𝑐ℎ𝑝𝑐𝑜𝑟𝑒
 

𝑉̇𝑖𝑛𝑝 =  
𝑉̇𝑝𝑡𝑜𝑡𝑎𝑙
𝑁𝑝𝑡𝑜𝑡𝑎𝑙

 

𝑣𝑖𝑛𝑝 =
𝑉̇𝑖𝑛𝑝

𝐻𝑝 ∗ 𝑊𝑝
 

𝑚̇𝑖𝑛𝑝𝑐ℎ
=
𝑉̇𝑖𝑛𝑝
𝜌𝑖𝑛𝑝

 

𝑐𝑝𝑖𝑛𝑝
= 𝒄𝒑(𝑨𝒊𝒓𝑯𝟐𝑶,𝑻 = 𝑇𝑖𝑛𝑝, 𝝎 = 𝜔𝑖𝑛𝑝, 𝑷 = 𝑃𝑖𝑛𝑝) 

 

𝜌𝑖𝑛𝑝 = 𝒅𝒆𝒏𝒔𝒊𝒕𝒚 (𝑨𝒊𝒓𝑯𝟐𝑶,𝑻 = 𝑇𝑖𝑛𝑝, 𝝎 = 𝜔𝑖𝑛𝑝, 𝑷 = 𝑃𝑖𝑛𝑝) 

ℎ𝑖𝑛𝑝 = 𝒆𝒏𝒕𝒉𝒂𝒍𝒑𝒚(𝑨𝒊𝒓𝑯𝟐𝑶,𝑻 = 𝑇𝑖𝑛𝑝, 𝝎 = 𝜔𝑖𝑛𝑝, 𝑷 = 𝑃𝑖𝑛𝑝) 

𝑪𝒂𝒍𝒍 𝒅𝒖𝒄𝒕𝒇𝒍𝒐𝒘(
′𝐴𝑖𝑟𝐻2𝑂′, 𝑇𝑖𝑛𝑝, 𝑃𝑖𝑛𝑝, 𝑚̇𝑖𝑛𝑝𝑐ℎ

, 𝐻𝑝,𝑊𝑝, 𝐿,

𝑅𝑒𝑙𝑅𝑜𝑢𝑔ℎ𝑝: ℎ𝑡𝑐𝑇𝑝, ℎ𝑡𝑐𝐻𝑝, Δ𝑃𝑝, 𝑁𝑢𝑠𝑠𝑒𝑙𝑡𝑇𝑝, 𝑅𝑒𝑝
) 

ℎ𝑡𝑐𝑝 =
ℎ𝑡𝑐𝑇𝑝 + ℎ𝑡𝑐𝐻𝑝

2
 

 
B. Secondary Channel Inputs 

𝑇𝑖𝑛𝑠𝑑𝑝
= 𝒅𝒆𝒘𝒑𝒐𝒊𝒏𝒕(𝑨𝒊𝒓𝑯𝟐𝑶,𝑻 = 𝑇𝑖𝑛𝑠,𝝎 = 𝜔𝑖𝑛𝑠, 𝑷 = 𝑃𝑖𝑛𝑠) 

𝑇𝑖𝑛𝑠𝑤𝑏
= 𝒘𝒆𝒕𝒃𝒖𝒍𝒃(𝑨𝒊𝒓𝑯𝟐𝑶,𝑻 = 𝑇𝑖𝑛𝑠,𝝎 = 𝜔𝑖𝑛𝑠, 𝑷 = 𝑃𝑖𝑛𝑠) 

𝑐𝑝𝑖𝑛𝑠
= 𝒄𝒑(𝑨𝒊𝒓𝑯𝟐𝑶,𝑻 = 𝑇𝑖𝑛𝑠,𝝎 = 𝜔𝑖𝑛𝑠, 𝑷 = 𝑃𝑖𝑛𝑠) 

𝜌𝑖𝑛𝑠 = 𝒅𝒆𝒏𝒔𝒊𝒕𝒚(𝑨𝒊𝒓𝑯𝟐𝑶,𝑻 = 𝑇𝑖𝑛𝑠,𝝎 = 𝜔𝑖𝑛𝑠, 𝑷 = 𝑃𝑖𝑛𝑠) 

ℎ𝑖𝑛𝑠 = 𝒆𝒏𝒕𝒉𝒂𝒍𝒑𝒚(𝑨𝒊𝒓𝑯𝟐𝑶,𝑻 = 𝑇𝑖𝑛𝑠,𝝎 = 𝜔𝑖𝑛𝑠, 𝑷 = 𝑃𝑖𝑛𝑠) 

𝑪𝒂𝒍𝒍 𝒅𝒖𝒄𝒕𝒇𝒍𝒐𝒘(
′𝐴𝑖𝑟𝐻2𝑂′, 𝑇𝑖𝑛𝑠, 𝑃𝑖𝑛𝑠, 𝑚̇𝑖𝑛𝑠𝑐ℎ

, 𝐻𝑠 ,𝑊𝑠, 𝐿,

 𝑅𝑒𝑙𝑅𝑜𝑢𝑔ℎ𝑠: ℎ𝑡𝑐𝑇𝑠, ℎ𝑡𝑐𝐻𝑠, Δ𝑃𝑠, 𝑁𝑢𝑠𝑠𝑒𝑙𝑡𝑇𝑠, 𝑅𝑒𝑠
) 

ℎ𝑡𝑐𝑠 =
ℎ𝑡𝑐𝑇𝑠 + ℎ𝑡𝑐𝐻𝑠

2
 

 

C. Inputs to top section with holes 
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𝑁𝑡𝑜𝑝𝑡𝑜𝑡𝑎𝑙 = 𝑁𝑐𝑜𝑟𝑒 ∗ 𝑁𝑐ℎ𝑡𝑜𝑝𝑐𝑜𝑟𝑒
 

𝑊𝑡𝑜𝑝𝑐ℎ = 𝑊𝑝 ∗ 𝑁𝑐ℎ𝑠𝑡𝑜𝑝ℎ𝑎𝑙𝑓𝑟𝑜𝑤
 

𝑉̇𝑡𝑜𝑝 =
𝑉̇𝑠𝑡𝑜𝑡𝑎𝑙
𝑁𝑡𝑜𝑝𝑡𝑜𝑡𝑎𝑙

 

𝑣𝑖𝑛𝑡𝑜𝑝 =
𝑉̇𝑡𝑜𝑝

𝐻𝑝 ∗𝑊𝑡𝑜𝑝𝑐ℎ
 

𝑚̇𝑖𝑛𝑡𝑜𝑝 =
𝑉̇𝑡𝑜𝑝
𝜌𝑖𝑛𝑡𝑜𝑝

 

𝜌𝑖𝑛𝑡𝑜𝑝 = 𝒅𝒆𝒏𝒔𝒊𝒕𝒚(𝑨𝒊𝒓𝑯𝟐𝑶,𝑻 = 𝑇𝑖𝑛𝑠,𝝎 = 𝜔𝑖𝑛𝑠, 𝑷 = 𝑃𝑖𝑛𝑠) 

 
D. Fin Calculations 

𝐴𝑓𝑖𝑛𝑛𝑒𝑑𝑝 = 𝑁𝑐ℎ𝑝ℎ𝑎𝑙𝑓𝑟𝑜𝑤
(2𝑙𝑓𝑝ℎ𝑓𝑝) 

𝐴𝑓𝑖𝑛𝑛𝑒𝑑𝑠 = 𝑁𝑐ℎ𝑠𝑏𝑜𝑡𝑡𝑜𝑚ℎ𝑎𝑙𝑓𝑟𝑜𝑤
(2𝑙𝑓𝑠ℎ𝑓𝑠) 

𝐴𝑝𝑙𝑎𝑡𝑒 = (𝑁𝑐ℎ𝑝,ℎ𝑎𝑙𝑓 𝑟𝑜𝑤𝑊 + (𝑁𝑐ℎ𝑝ℎ𝑎𝑙𝑓𝑟𝑜𝑤
+ 1)𝑤𝑓)(𝐿 + 𝑤𝑓) 

𝐴𝑢𝑛𝑓𝑖𝑛𝑛𝑒𝑑𝑝 = 𝐴𝑝𝑙𝑎𝑡𝑒 − (𝑁𝑐ℎ𝑝ℎ𝑎𝑙𝑓𝑟𝑜𝑤
+ 1)𝑙𝑓𝑝𝑤𝑓 

𝐴𝑢𝑛𝑓𝑖𝑛𝑛𝑒𝑑𝑠 = 𝐴𝑝𝑙𝑎𝑡𝑒 − (𝑁𝑐ℎ𝑠𝑏𝑜𝑡𝑡𝑜𝑚ℎ𝑎𝑙𝑓𝑟𝑜𝑤
+ 1) 𝑙𝑓𝑠𝑤𝑓  

𝐴𝑐𝑝 = 𝑙𝑓𝑝𝑤𝑓 

𝑝𝑒𝑝 = 2𝑙𝑓𝑝 + 𝑤𝑓 

𝐴𝑐𝑠 = 𝑙𝑓𝑠𝑤𝑓  

𝑝𝑒𝑠 = 2𝑙𝑓𝑠 + 𝑤𝑓 

𝜂𝑓𝑝 = 𝒆𝒕𝒂_𝒇𝒊𝒏_𝒄𝒐𝒏𝒔𝒕𝒂𝒏𝒕𝒄𝒔 (𝐴𝑐𝑝 , 𝑝𝑒𝑝, ℎ𝑓𝑝 , ℎ𝑡𝑐𝑝, 𝑘𝑝𝑙𝑎𝑡𝑒) 

𝜂𝑓𝑠 = 𝒆𝒕𝒂_𝒇𝒊𝒏_𝒄𝒐𝒏𝒔𝒕𝒂𝒏𝒕𝒄𝒔(𝐴𝑐𝑠 , 𝑝𝑒𝑠, ℎ𝑓𝑠 , ℎ𝑡𝑐𝑠, 𝑘𝑝𝑙𝑎𝑡𝑒) 

𝐴𝑡𝑜𝑡𝑎𝑙𝑝 = (𝐴𝑓𝑖𝑛𝑛𝑒𝑑𝑝 ∗ 𝜂𝑓𝑝) + 𝐴𝑢𝑛𝑓𝑖𝑛𝑛𝑒𝑑𝑝 

𝐴𝑡𝑜𝑡𝑎𝑙𝑠 = (𝐴𝑓𝑖𝑛𝑛𝑒𝑑𝑠 ∗ 𝜂𝑓𝑠) + 𝐴𝑢𝑛𝑓𝑖𝑛𝑛𝑒𝑑𝑠  
 

E. Resistance Calculations 

𝑅𝑝 =  
1

ℎ𝑡𝑐𝑝 ∗
𝐴𝑡𝑜𝑡𝑎𝑙𝑝
(𝑀 − 1)𝑁

 

𝑅𝑝𝑙𝑎𝑡𝑒 =  
𝛿𝑝𝑙𝑎𝑡𝑒

𝑘𝑝𝑙𝑎𝑡𝑒 ∗
𝐴𝑝𝑙𝑎𝑡𝑒

(𝑀 − 1)𝑁
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𝑅𝑓𝑖𝑏𝑒𝑟 =  
𝛿𝑓𝑖𝑏𝑒𝑟

𝑘𝑓𝑖𝑏𝑒𝑟 ∗
𝐴𝑝𝑙𝑎𝑡𝑒 ∗ 𝑓
(𝑀 − 1)𝑁

 

𝑅𝑤𝑎𝑡𝑒𝑟 =  
𝛿𝑓𝑖𝑏𝑒𝑟

𝑘𝑤𝑎𝑡𝑒𝑟 ∗
𝐴𝑝𝑙𝑎𝑡𝑒 ∗ (1 − 𝑓)

(𝑀 − 1)𝑁

 

𝑅𝑐𝑜𝑛𝑑 = 𝑅𝑝𝑙𝑎𝑡𝑒 +
𝑅𝑓𝑖𝑏𝑒𝑟𝑅𝑤𝑎𝑡𝑒𝑟
𝑅𝑓𝑖𝑏𝑒𝑟 + 𝑅𝑤𝑎𝑡𝑒𝑟

 

𝑅𝑡𝑜𝑡𝑎𝑙 = 𝑅𝑐𝑜𝑛𝑑 + 𝑅𝑝 

 

F. Heat transfer calculation between channel (i=)2 to 6 on primary side and (j=) 1 to 20 on 

secondary side 

i. Boundary Conditions 

𝑇𝑝[𝑖, 1] = 𝑇𝑖𝑛𝑝; 𝑖: 2 𝑡𝑜 𝑀 

ℎ𝑝[𝑖, 1] = ℎ𝑖𝑛𝑝; 𝑖: 2 𝑡𝑜 𝑀 

ii. Mass Transfer Conductance 

𝜌𝑠[𝑖, 𝑗] = 𝒅𝒆𝒏𝒔𝒊𝒕𝒚(𝐴𝒊𝒓𝑯𝟐𝑶,𝑻 = 𝑇𝑠[𝑖, 𝑗],𝝎 = 𝜔𝑠[𝑖, 𝑗], 𝑷 = 𝑃𝑖𝑛𝑠) 

𝜈𝑠[𝑖, 𝑗] = 𝒌𝒊𝒏𝒆𝒎𝒂𝒕𝒊𝒄𝒗𝒊𝒔𝒄𝒐𝒔𝒊𝒕𝒚(𝐴𝒊𝒓𝑯𝟐𝑶,𝑻 = 𝑇𝑠[𝑖, 𝑗], 𝝎 = 𝜔𝑠[𝑖, 𝑗], 𝑷 = 𝑃𝑖𝑛𝑠) 

𝑑𝑤𝑎𝑡𝑒𝑟−𝑎𝑖𝑟[𝑖, 𝑗] = 1.97 ∗ 10
−5
𝑃𝑎𝑡𝑚
𝑃𝑖𝑛𝑠

(
𝑇𝑠[𝑖, 𝑗]

𝑇0
)1.685 

𝑆𝑐[𝑖, 𝑗] =
𝜈𝑠[𝑖, 𝑗]

𝑑𝑤𝑎𝑡𝑒𝑟−𝑎𝑖𝑟[𝑖, 𝑗]
 

𝑔𝑚𝑤𝑎𝑡𝑒𝑟[𝑖, 𝑗] =
𝜌𝑠[𝑖, 𝑗] ∗ 𝜈𝑠[𝑖, 𝑗] ∗ 𝑆ℎ

𝑆𝑐[𝑖, 𝑗] ∗ 2𝐻𝑠
 

 

iii. Mass fraction 

𝑃𝑠𝑎𝑡[𝑖, 𝑗] = 𝒑_𝒔𝒂𝒕(𝑾𝒂𝒕𝒆𝒓, 𝑇 = 𝑇𝑤𝑎𝑙𝑙[𝑖, 𝑗]) 

𝑥𝑓𝑤𝑎𝑙𝑙
[𝑖, 𝑗] =

𝑃𝑠𝑎𝑡[𝑖, 𝑗]

𝑃𝑎𝑡𝑚
 

𝑚𝑓𝑤𝑎𝑙𝑙[𝑖, 𝑗] =
𝑥𝑓𝑤𝑎𝑙𝑙[𝑖, 𝑗] ∗ 𝑚𝑤𝑎𝑡𝑒𝑟

𝑥𝑓𝑤𝑎𝑙𝑙[𝑖, 𝑗]𝑚𝑤𝑎𝑡𝑒𝑟 + (1 − 𝑥𝑓𝑤𝑎𝑙𝑙[𝑖, 𝑗])𝑚𝑎𝑖𝑟
 

𝑚𝑓[𝑖 + 1, 𝑗] =
𝜔𝑠[𝑖 + 1, 𝑗]

𝜔𝑠[𝑖 + 1, 𝑗] + 1
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𝑚𝑓𝑎𝑣𝑔
[𝑖, 𝑗] =

𝑚𝑓[𝑖, 𝑗] +  𝑚𝑓[𝑖 + 1, 𝑗]

2
 

𝑚𝑠𝑏𝑜𝑡𝑡𝑜𝑚𝑐ℎ̇

2
 (𝑚𝑓[𝑖 + 1, 𝑗] −  𝑚𝑓[𝑖, 𝑗])

=  𝑔𝑚𝑤𝑎𝑡𝑒𝑟[𝑖, 𝑗] ∗ (𝑚𝑓𝑤𝑎𝑙𝑙[𝑖, 𝑗] −   𝑚𝑓𝑎𝑣𝑔
[𝑖, 𝑗])

∗
𝐴𝑢𝑛𝑓𝑖𝑛𝑛𝑒𝑑𝑠
(𝑀 − 1) ∗ 𝑁

 

iv. Dry channel energy balance 

𝑇𝑝𝑎𝑣𝑔
[𝑖, 𝑗] =

𝑇𝑝[𝑖, 𝑗] + 𝑇𝑝[𝑖, 𝑗 + 1]

2
 

ℎ𝑝[𝑖, 𝑗 + 1] = 𝒆𝒏𝒕𝒉𝒂𝒍𝒑𝒚 (𝑨𝒊𝒓𝑯𝟐𝑶,𝑻 = 𝑇𝑝[𝑖, 𝑗 + 1], 𝝎 = 𝜔𝑖𝑛𝑝, 𝑷 = 𝑃𝑖𝑛𝑝) 

𝑄𝑝[𝑖, 𝑗] =
1

𝑅𝑡𝑜𝑡𝑎𝑙
∗ (𝑇𝑝𝑎𝑣𝑔

[𝑖, 𝑗] − 𝑇𝑤𝑎𝑙𝑙[𝑖, 𝑗]) 

𝑄𝑝[𝑖, 𝑗] =
𝑚̇𝑖𝑛𝑝𝑐ℎ
2

∗ (ℎ𝑝[𝑖, 𝑗] − ℎ𝑝[𝑖, 𝑗 + 1) 

 

v. Wet channel energy balance 

𝑇𝑠𝑎𝑣𝑔[𝑖, 𝑗] =
𝑇𝑠[𝑖, 𝑗] + 𝑇𝑠[𝑖 + 1, 𝑗]

2
 

ℎ𝑠[𝑖 + 1, 𝑗] = 𝒆𝒏𝒕𝒉𝒂𝒍𝒑𝒚(𝑨𝒊𝒓𝑯𝟐𝑶,𝑻 = 𝑇𝑠[𝑖 + 1, 𝑗], 𝝎 = 𝜔𝑠[𝑖 + 1, 𝑗], 𝑷 = 𝑃𝑖𝑛𝑠) 

𝑄𝑝[𝑖, 𝑗] =
𝑚̇𝑠𝑏𝑜𝑡𝑡𝑜𝑚𝑐ℎ

2
∗ (ℎ𝑠[𝑖 + 1, 𝑗] − ℎ𝑠[𝑖, 𝑗) 

𝑄𝑠[𝑖, 𝑗] =
ℎ𝑡𝑐𝑠
2
∗ (𝑇𝑤𝑎𝑙𝑙[𝑖, 𝑗] − 𝑇𝑠𝑎𝑣𝑔[𝑖, 𝑗]) ∗

𝐴𝑡𝑜𝑡𝑎𝑙𝑠
(𝑀 − 1) ∗ 𝑁

 

𝑄𝑙[𝑖, 𝑗] =  𝑔𝑚𝑤[𝑖, 𝑗] ∗ (𝑚𝑓𝑤𝑎𝑙𝑙[𝑖, 𝑗] −  𝑚𝑓𝑎𝑣𝑔
[𝑖, 𝑗]) ∗ Δℎ𝑣𝑎𝑝[𝑖, 𝑗] ∗

𝐴𝑢𝑛𝑓𝑖𝑛𝑛𝑒𝑑𝑠
(𝑀 − 1) ∗ 𝑁

 

𝑄𝑝[𝑖, 𝑗] = 𝑄𝑙[𝑖, 𝑗] + 𝑄𝑠[𝑖, 𝑗] 

Δℎ𝑣𝑎𝑝[𝑖, 𝑗] = 𝒆𝒏𝒕𝒉𝒂𝒍𝒑𝒚_𝒗𝒂𝒑𝒐𝒓𝒊𝒛𝒂𝒕𝒊𝒐𝒏(𝑾𝒂𝒕𝒆𝒓,𝑻 = 𝑇𝑤𝑎𝑙𝑙[𝑖, 𝑗]) 
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G. Heat transfer calculation for top channel  

i. Boundary conditions 

𝑇𝑝[1,1] = 𝑇𝑖𝑛𝑠 

ℎ𝑝[1,1] = ℎ𝑖𝑛𝑠 

 𝑚𝑡𝑜𝑝̇ [1,1] = 𝑚𝑖𝑛𝑡𝑜𝑝̇   

𝑚𝑠𝑏𝑜𝑡𝑡𝑜𝑚𝑐ℎ̇ =
𝑚𝑖𝑛𝑡𝑜𝑝̇

𝑁
 

𝜔𝑠[1, 𝑗] = 𝜔𝑖𝑛𝑠 ; 𝑗: 1 𝑡𝑜 𝑁 

𝑚𝑓[1, 𝑗] =
𝜔𝑖𝑛𝑠

𝜔𝑠𝑖𝑛 + 1
; 𝑗: 1 𝑡𝑜 𝑁 

 

ii. Area calculations 

𝐴𝑝𝑙𝑎𝑡𝑒𝑓𝑖𝑟𝑠𝑡ℎ𝑎𝑙𝑓 =
𝑙𝑓𝑝
2
∗ 𝑊𝑡𝑜𝑝𝑐ℎ − (

𝑁

2
∗ 𝜋 ∗

𝑑0
2

4
) 

𝐴𝑝𝑙𝑎𝑡𝑒𝑠𝑒𝑐𝑜𝑛𝑑ℎ𝑎𝑙𝑓 =
𝑙𝑓𝑝
2
∗ (𝑊𝑡𝑜𝑝𝑐ℎ −𝑊𝑝) − (

𝑁

2
∗ 𝜋 ∗

𝑑0
2

4
) 

 

H. Heat transfer calculation for top channel (first half with 10 holes; j: 1 to N/2) 

i. Boundary Conditions 

𝑇𝑝𝑎𝑣𝑔
[1, 𝑗] =

𝑇𝑝[1, 𝑗] + 𝑇𝑝[1, 𝑗 + 1]

2
 

𝑇𝑠[1, 𝑗] = 𝑇𝑝𝑎𝑣𝑔
[1, 𝑗] 

ℎ𝑠[1, 𝑗] = 𝒆𝒏𝒕𝒉𝒂𝒍𝒑𝒚(𝑨𝒊𝒓𝑯𝟐𝑶,𝑻 = 𝑇𝑠[1, 𝑗], 𝝎 = 𝜔𝑠[1, 𝑗], 𝑷 = 𝑃𝑖𝑛𝑠) 

𝑚𝑡𝑜𝑝̇ [1, 𝑗 + 1] = 𝑚𝑡𝑜𝑝̇ [1, 𝑗] − 𝑚𝑠𝑏𝑜𝑡𝑡𝑜𝑚𝑐ℎ̇  

 

ii. Mass Transfer Conductance 

𝜌𝑠[1, 𝑗] = 𝒅𝒆𝒏𝒔𝒊𝒕𝒚(𝐴𝒊𝒓𝑯𝟐𝑶,𝑻 = 𝑇𝑠[1, 𝑗],𝝎 = 𝜔𝑠[1, 𝑗], 𝑷 = 𝑃𝑖𝑛𝑠) 

𝜈𝑠[1, 𝑗] = 𝒌𝒊𝒏𝒆𝒎𝒂𝒕𝒊𝒄𝒗𝒊𝒔𝒄𝒐𝒔𝒊𝒕𝒚(𝐴𝒊𝒓𝑯𝟐𝑶,𝑻 = 𝑇𝑠[1, 𝑗], 𝝎 = 𝜔𝑠[1, 𝑗], 𝑷 = 𝑃𝑖𝑛𝑠) 

𝑑𝑤𝑎𝑡𝑒𝑟−𝑎𝑖𝑟[1, 𝑗] = 1.97 ∗ 10
−5
𝑃𝑎𝑡𝑚
𝑃𝑖𝑛𝑠

(
𝑇𝑠[1, 𝑗]

𝑇0
)1.685 

𝑆𝑐[1, 𝑗] =
𝜈𝑠[1, 𝑗]

𝑑𝑤𝑎𝑡𝑒𝑟−𝑎𝑖𝑟[1, 𝑗]
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𝑔𝑚𝑤𝑎𝑡𝑒𝑟[1, 𝑗] =
𝜌𝑠[1, 𝑗] ∗ 𝜈𝑠[1, 𝑗] ∗ 𝑆ℎ

𝑆𝑐[1, 𝑗] ∗ 2𝐻𝑠
 

 

iii. Mass fraction 

𝑃𝑠𝑎𝑡[1, 𝑗] = 𝒑_𝒔𝒂𝒕(𝑾𝒂𝒕𝒆𝒓, 𝑇 = 𝑇𝑤𝑎𝑙𝑙[1, 𝑗]) 

𝑥𝑓𝑤𝑎𝑙𝑙
[1, 𝑗] =

𝑃𝑠𝑎𝑡[1, 𝑗]

𝑃𝑎𝑡𝑚
 

𝑚𝑓𝑤𝑎𝑙𝑙[1, 𝑗] =
𝑥𝑓𝑤𝑎𝑙𝑙[1, 𝑗] ∗ 𝑚𝑤𝑎𝑡𝑒𝑟

𝑥𝑓𝑤𝑎𝑙𝑙[1, 𝑗]𝑚𝑤𝑎𝑡𝑒𝑟 + (1 − 𝑥𝑓𝑤𝑎𝑙𝑙[1, 𝑗])𝑚𝑎𝑖𝑟
 

𝑚𝑓[2, 𝑗] =
𝜔𝑠[2, 𝑗]

𝜔𝑠[2, 𝑗] + 1
 

𝑚𝑓𝑎𝑣𝑔
[1, 𝑗] =

𝑚𝑓[1, 𝑗] + 𝑚𝑓[2, 𝑗]

2
 

𝑚𝑠𝑏𝑜𝑡𝑡𝑜𝑚𝑐ℎ̇

2
 (𝑚𝑓[2, 𝑗] − 𝑚𝑓[1, 𝑗])

=  𝑔𝑚𝑤𝑎𝑡𝑒𝑟[1, 𝑗] ∗ (𝑚𝑓𝑤𝑎𝑙𝑙[1, 𝑗] −  𝑚𝑓𝑎𝑣𝑔
[1, 𝑗])

∗
2 ∗ 𝐴𝑝𝑙𝑎𝑡𝑒𝑓𝑖𝑟𝑠𝑡ℎ𝑎𝑙𝑓

𝑁
 

 

iv. Top channel energy balance 

𝑪𝒂𝒍𝒍 𝒅𝒖𝒄𝒕𝒇𝒍𝒐𝒘

(

 
 
′𝐴𝑖𝑟𝐻2𝑂′, 𝑇𝑝𝑎𝑣𝑔

[1, 𝑗], 𝑃𝑖𝑛𝑠 ,  𝑚𝑡𝑜𝑝̇ [1, 𝑗], 𝐻𝑝,𝑊𝑡𝑜𝑝𝑐ℎ ,
𝑙𝑓𝑝
2
,

𝑅𝑒𝑙𝑅𝑜𝑢𝑔ℎ𝑝, ℎ𝑡𝑐𝑇𝑡𝑜𝑝[1, 𝑗], ℎ𝑡𝑐𝐻𝑡𝑜𝑝[1, 𝑗], ΔPtop[1, 𝑗],

𝑁𝑢𝑠𝑠𝑒𝑙𝑡𝑡𝑜𝑝  [1, 𝑗], 𝑓𝑡𝑜𝑝[1, 𝑗], 𝑅𝑒𝑡𝑜𝑝[1, 𝑗]) )

 
 

 

ℎ𝑡𝑐𝑡𝑜𝑝[1, 𝑗] =
ℎ𝑡𝑐𝑇𝑡𝑜𝑝[1, 𝑗] + ℎ𝑡𝑐𝐻𝑡𝑜𝑝[1, 𝑗]

2
 

ℎ𝑝[1, 𝑗 + 1] = 𝒆𝒏𝒕𝒉𝒂𝒍𝒑𝒚(𝑨𝒊𝒓𝑯𝟐𝑶,𝑻 = 𝑇𝑝[1, 𝑗 + 1], 𝝎 = 𝜔𝑠[1, 𝑗], 𝑷 = 𝑃𝑖𝑛𝑠) 

𝑄𝑝[1, 𝑗] = ℎ𝑡𝑐𝑡𝑜𝑝[1, 𝑗] ∗ (𝑇𝑝𝑎𝑣𝑔
[𝑖, 𝑗] − 𝑇𝑤𝑎𝑙𝑙[𝑖, 𝑗]) ∗

2 ∗ 𝐴𝑝𝑙𝑎𝑡𝑒𝑓𝑖𝑟𝑠𝑡ℎ𝑎𝑙𝑓
𝑁

 

𝑄𝑝[1, 𝑗] =
𝑚𝑡𝑜𝑝̇ [1, 𝑗]

2
∗ ℎ𝑝[1, 𝑗] −

𝑚𝑡𝑜𝑝̇ [1, 𝑗 + 1]

2
∗ ℎ𝑝[1, 𝑗 + 1] −

𝑚𝑠𝑏𝑜𝑡𝑡𝑜𝑚𝑐ℎ̇

2
∗ ℎ𝑠[1, 𝑗] 

 

v. Wet channel energy balance 
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𝑇𝑠𝑎𝑣𝑔[1, 𝑗] =
𝑇𝑠[1, 𝑗] +  𝑇𝑠[2, 𝑗]

2
 

ℎ𝑠[2, 𝑗] = 𝒆𝒏𝒕𝒉𝒂𝒍𝒑𝒚(𝑨𝒊𝒓𝑯𝟐𝑶,𝑻 = 𝑇𝑠[2, 𝑗], 𝝎 = 𝜔𝑠[2, 𝑗], 𝑷 = 𝑃𝑖𝑛𝑠) 

𝑄𝑝[1, 𝑗] =
𝑚̇𝑠𝑏𝑜𝑡𝑡𝑜𝑚𝑐ℎ

2
∗ (ℎ𝑠[2, 𝑗] − ℎ𝑠[1, 𝑗) 

𝑄𝑠[1, 𝑗] =
ℎ𝑡𝑐𝑠
2
∗ (𝑇𝑤𝑎𝑙𝑙[1, 𝑗] − 𝑇𝑠𝑎𝑣𝑔[1, 𝑗]) ∗

2 ∗ 𝐴𝑝𝑙𝑎𝑡𝑒𝑓𝑖𝑟𝑠𝑡ℎ𝑎𝑙𝑓
𝑁

 

𝑄𝑙[1, 𝑗] =  𝑔𝑚𝑤[1, 𝑗] ∗ (𝑚𝑓𝑤𝑎𝑙𝑙[1, 𝑗] −  𝑚𝑓𝑎𝑣𝑔
[1, 𝑗]) ∗ Δℎ𝑣𝑎𝑝[1, 𝑗] ∗

2 ∗ 𝐴𝑝𝑙𝑎𝑡𝑒𝑓𝑖𝑟𝑠𝑡ℎ𝑎𝑙𝑓
𝑁

 

𝑄𝑝[1, 𝑗] = 𝑄𝑙[1, 𝑗] + 𝑄𝑠[1, 𝑗] 

Δℎ𝑣𝑎𝑝[𝑖, 𝑗] = 𝒆𝒏𝒕𝒉𝒂𝒍𝒑𝒚_𝒗𝒂𝒑𝒐𝒓𝒊𝒛𝒂𝒕𝒊𝒐𝒏(𝑾𝒂𝒕𝒆𝒓,𝑻 = 𝑇𝑤𝑎𝑙𝑙[1, 𝑗]) 

 
I. Heat transfer calculation for top channel (second half with 10 holes; j: N/2 +1 to N) 

i. Boundary Conditions 

𝑇𝑝𝑎𝑣𝑔
[1, 𝑗] =

𝑇𝑝[1, 𝑗] + 𝑇𝑝[1, 𝑗 + 1]

2
 

𝑇𝑠[1, 𝑗] = 𝑇𝑝𝑎𝑣𝑔
[1, 𝑗] 

ℎ𝑠[1, 𝑗] = 𝒆𝒏𝒕𝒉𝒂𝒍𝒑𝒚(𝑨𝒊𝒓𝑯𝟐𝑶,𝑻 = 𝑇𝑠[1, 𝑗], 𝝎 = 𝜔𝑠[1, 𝑗], 𝑷 = 𝑃𝑖𝑛𝑠) 

𝑚𝑡𝑜𝑝̇ [1, 𝑗 + 1] = 𝑚𝑡𝑜𝑝̇ [1, 𝑗] − 𝑚𝑠𝑏𝑜𝑡𝑡𝑜𝑚𝑐ℎ̇  

 

ii. Mass Transfer Conductance 

𝜌𝑠[1, 𝑗] = 𝒅𝒆𝒏𝒔𝒊𝒕𝒚(𝐴𝒊𝒓𝑯𝟐𝑶,𝑻 = 𝑇𝑠[1, 𝑗],𝝎 = 𝜔𝑠[1, 𝑗], 𝑷 = 𝑃𝑖𝑛𝑠) 

𝜈𝑠[1, 𝑗] = 𝒌𝒊𝒏𝒆𝒎𝒂𝒕𝒊𝒄𝒗𝒊𝒔𝒄𝒐𝒔𝒊𝒕𝒚(𝐴𝒊𝒓𝑯𝟐𝑶,𝑻 = 𝑇𝑠[1, 𝑗], 𝝎 = 𝜔𝑠[1, 𝑗], 𝑷 = 𝑃𝑖𝑛𝑠) 

𝑑𝑤𝑎𝑡𝑒𝑟−𝑎𝑖𝑟[1, 𝑗] = 1.97 ∗ 10
−5
𝑃𝑎𝑡𝑚
𝑃𝑖𝑛𝑠

(
𝑇𝑠[1, 𝑗]

𝑇0
)1.685 

𝑆𝑐[1, 𝑗] =
𝜈𝑠[1, 𝑗]

𝑑𝑤𝑎𝑡𝑒𝑟−𝑎𝑖𝑟[1, 𝑗]
 

𝑔𝑚𝑤𝑎𝑡𝑒𝑟[1, 𝑗] =
𝜌𝑠[1, 𝑗] ∗ 𝜈𝑠[1, 𝑗] ∗ 𝑆ℎ

𝑆𝑐[1, 𝑗] ∗ 2𝐻𝑠
 

 

iii. Mass fraction 

𝑃𝑠𝑎𝑡[1, 𝑗] = 𝒑_𝒔𝒂𝒕(𝑾𝒂𝒕𝒆𝒓, 𝑇 = 𝑇𝑤𝑎𝑙𝑙[1, 𝑗]) 

𝑥𝑓𝑤𝑎𝑙𝑙
[1, 𝑗] =

𝑃𝑠𝑎𝑡[1, 𝑗]

𝑃𝑎𝑡𝑚
 

𝑚𝑓𝑤𝑎𝑙𝑙[1, 𝑗] =
𝑥𝑓𝑤𝑎𝑙𝑙[1, 𝑗] ∗ 𝑚𝑤𝑎𝑡𝑒𝑟

𝑥𝑓𝑤𝑎𝑙𝑙[1, 𝑗]𝑚𝑤𝑎𝑡𝑒𝑟 + (1 − 𝑥𝑓𝑤𝑎𝑙𝑙[1, 𝑗])𝑚𝑎𝑖𝑟
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𝑚𝑓[2, 𝑗] =
𝜔𝑠[2, 𝑗]

𝜔𝑠[2, 𝑗] + 1
 

𝑚𝑓𝑎𝑣𝑔
[1, 𝑗] =

𝑚𝑓[1, 𝑗] + 𝑚𝑓[2, 𝑗]

2
 

𝑚𝑠𝑏𝑜𝑡𝑡𝑜𝑚𝑐ℎ̇

2
 (𝑚𝑓[2, 𝑗] − 𝑚𝑓[1, 𝑗])

=  𝑔𝑚𝑤𝑎𝑡𝑒𝑟[1, 𝑗] ∗ (𝑚𝑓𝑤𝑎𝑙𝑙[1, 𝑗] −  𝑚𝑓𝑎𝑣𝑔
[1, 𝑗])

∗
2 ∗ 𝐴𝑝𝑙𝑎𝑡𝑒𝑠𝑒𝑐𝑜𝑛𝑑ℎ𝑎𝑙𝑓

𝑁
 

 

iv. Top channel energy balance 

𝑪𝒂𝒍𝒍 𝒅𝒖𝒄𝒕𝒇𝒍𝒐𝒘

(

 
 
′𝐴𝑖𝑟𝐻2𝑂′ , 𝑇𝑝𝑎𝑣𝑔

[1, 𝑗], 𝑃𝑖𝑛𝑠 ,  𝑚𝑡𝑜𝑝̇ [1, 𝑗],𝐻𝑝,𝑊𝑡𝑜𝑝𝑐ℎ ,
𝑙𝑓𝑝
2
,

𝑅𝑒𝑙𝑅𝑜𝑢𝑔ℎ𝑝: ℎ𝑡𝑐𝑇𝑡𝑜𝑝[1, 𝑗], ℎ𝑡𝑐𝐻𝑡𝑜𝑝[1, 𝑗], ΔPtop[1, 𝑗]),

 𝑁𝑢𝑠𝑠𝑒𝑙𝑡𝑡𝑜𝑝 [1, 𝑗], 𝑓𝑡𝑜𝑝[1, 𝑗], 𝑅𝑒𝑡𝑜𝑝[1, 𝑗] )

 
 
′  

ℎ𝑡𝑐𝑡𝑜𝑝[1, 𝑗] =
ℎ𝑡𝑐𝑇𝑡𝑜𝑝[1, 𝑗] + ℎ𝑡𝑐𝐻𝑡𝑜𝑝[1, 𝑗]

2
 

ℎ𝑝[1, 𝑗 + 1] = 𝒆𝒏𝒕𝒉𝒂𝒍𝒑𝒚(𝑨𝒊𝒓𝑯𝟐𝑶,𝑻 = 𝑇𝑝[1, 𝑗 + 1], 𝝎 = 𝜔𝑠[1, 𝑗], 𝑷 = 𝑃𝑖𝑛𝑠) 

𝑄𝑝[1, 𝑗] = ℎ𝑡𝑐𝑡𝑜𝑝[1, 𝑗] ∗ (𝑇𝑝𝑎𝑣𝑔
[𝑖, 𝑗] − 𝑇𝑤[𝑖, 𝑗]) ∗

2 ∗ 𝐴𝑝𝑙𝑎𝑡𝑒𝑠𝑒𝑐𝑜𝑛𝑑ℎ𝑎𝑙𝑓
𝑁

 

𝑄𝑝[1, 𝑗] =
𝑚𝑡𝑜𝑝̇ [1, 𝑗]

2
∗ ℎ𝑝[1, 𝑗] −

𝑚𝑡𝑜𝑝̇ [1, 𝑗 + 1]

2
∗ ℎ𝑝[1, 𝑗 + 1] −

𝑚𝑠𝑏𝑜𝑡𝑡𝑜𝑚𝑐ℎ̇

2
∗ ℎ𝑠[1, 𝑗] 

 

v. Wet channel energy balance 

𝑇𝑠𝑎𝑣𝑔[1, 𝑗] =
𝑇𝑠[1, 𝑗] +  𝑇𝑠[2, 𝑗]

2
 

ℎ𝑠[2, 𝑗] = 𝒆𝒏𝒕𝒉𝒂𝒍𝒑𝒚(𝑨𝒊𝒓𝑯𝟐𝑶,𝑻 = 𝑇𝑠[2, 𝑗], 𝝎 = 𝜔𝑠[2, 𝑗], 𝑷 = 𝑃𝑖𝑛𝑠) 

𝑄𝑝[1, 𝑗] =
𝑚̇𝑠𝑏𝑜𝑡𝑡𝑜𝑚𝑐ℎ

2
∗ (ℎ𝑠[2, 𝑗] − ℎ𝑠[1, 𝑗) 

𝑄𝑠[1, 𝑗] =
ℎ𝑡𝑐𝑠
2
∗ (𝑇𝑤[1, 𝑗] − 𝑇𝑠𝑎𝑣𝑔[1, 𝑗]) ∗

2 ∗ 𝐴𝑝𝑙𝑎𝑡𝑒𝑠𝑒𝑐𝑜𝑛𝑑ℎ𝑎𝑙𝑓
𝑁

 

𝑄𝑙[1, 𝑗] =  𝑔𝑚𝑤𝑎𝑡𝑒𝑟[1, 𝑗] ∗ (𝑚𝑓𝑤𝑎𝑙𝑙[1, 𝑗] −  𝑚𝑓𝑎𝑣𝑔
[1, 𝑗]) ∗ Δℎ𝑣𝑎𝑝[1, 𝑗] ∗

2 ∗ 𝐴𝑝𝑙𝑎𝑡𝑒𝑓𝑖𝑟𝑠𝑡ℎ𝑎𝑙𝑓
𝑁

 

𝑄𝑝[1, 𝑗] = 𝑄𝑙[1, 𝑗] + 𝑄𝑠[1, 𝑗] 

Δℎ𝑣𝑎𝑝[𝑖, 𝑗] = 𝒆𝒏𝒕𝒉𝒂𝒍𝒑𝒚_𝒗𝒂𝒑𝒐𝒓𝒊𝒛𝒂𝒕𝒊𝒐𝒏(𝑾𝒂𝒕𝒆𝒓,𝑻 = 𝑇𝑤𝑎𝑙𝑙[1, 𝑗]) 
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J. Outlet temperatures, humidity ratio and effectiveness calculations 

𝑇𝑎𝑣𝑔 =
𝑇𝑖𝑛𝑝 + 𝑇𝑖𝑛𝑠

2
 

𝑇𝑜𝑝𝑎𝑣𝑔
=
𝒔𝒖𝒎(𝑇𝑝[𝑖,𝑁 + 1], 𝑖 = 2,𝑀)

𝑀 − 1
 

𝑇𝑜𝑠𝑎𝑣𝑔
=
𝒔𝒖𝒎(𝑇𝑠[𝑀 + 1, 𝑗], 𝑗 = 1,𝑁)

𝑁
 

𝑇𝑜𝑝𝑎𝑣𝑔(𝐶)
= 𝒄𝒐𝒏𝒗𝒆𝒓𝒕𝒕𝒆𝒎𝒑(′𝐾′,′ 𝐶′, 𝑇𝑜𝑝𝑎𝑣𝑔

) 

𝑇𝑜𝑠𝑎𝑣𝑔(𝐶)
= 𝒄𝒐𝒏𝒗𝒆𝒓𝒕𝒕𝒆𝒎𝒑(′𝐾′,′ 𝐶′, 𝑇𝑜𝑠𝑎𝑣𝑔

) 

𝜔𝑠𝑜𝑢𝑡𝑎𝑣𝑔
=
𝒔𝒖𝒎(𝜔𝑠[𝑀 + 1, 𝑗], 𝑗 = 1, 𝑁)

𝑁
 

Δℎ𝑣𝑎𝑝𝑤𝑎𝑡𝑒𝑟 = 𝒆𝒏𝒕𝒉𝒂𝒍𝒑𝒚_𝒗𝒂𝒑𝒐𝒓𝒊𝒛𝒂𝒕𝒊𝒐𝒏(𝑾𝒂𝒕𝒆𝒓, 𝑻 = 𝑇𝑖𝑛𝑝) 

𝜔𝑝𝑜𝑢𝑡
=  𝜔𝑝𝑖𝑛

 

𝑚̇𝑚𝑖𝑛 =  𝒎𝒊𝒏(𝑚̇𝑖𝑛𝑝𝑐ℎ
, 𝑚̇𝑠𝑏𝑜𝑡𝑡𝑜𝑚𝑐ℎ

) 

𝜀𝑡𝑜𝑡𝑎𝑙 = (𝑚̇𝑖𝑛𝑝𝑐ℎ
∗ 𝑐𝑝𝑖𝑛𝑝

∗ (𝑇𝑖𝑛𝑝 − 𝑇𝑜𝑝𝑎𝑣𝑔
))

−
𝑚̇𝑖𝑛𝑝𝑐ℎ

∗ Δℎ𝑣𝑎𝑝𝑤𝑎𝑡𝑒𝑟 ∗ (𝜔𝑖𝑛𝑝 − 𝜔𝑜𝑢𝑡𝑝)

𝑚̇𝑚𝑖𝑛 ∗ 𝑐𝑝𝑖𝑛𝑝
∗ (𝑇𝑖𝑛𝑝 − 𝑇𝑖𝑛𝑠) + 𝑚̇𝑚𝑖𝑛 ∗ Δℎ𝑣𝑎𝑝𝑤𝑎𝑡𝑒𝑟 ∗ (𝜔𝑖𝑛𝑝 − 𝜔𝑖𝑛𝑠)

 

𝜀𝑑𝑝 =
𝑇𝑖𝑛𝑝 − 𝑇𝑜𝑝𝑎𝑣𝑔
𝑇𝑖𝑛𝑝 − 𝑇𝑖𝑛𝑠𝑑𝑝

 

𝜀𝑤𝑏 =
𝑇𝑖𝑛𝑝 − 𝑇𝑜𝑝𝑎𝑣𝑔
𝑇𝑖𝑛𝑝 − 𝑇𝑖𝑛𝑠𝑤𝑏
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